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Abstract

One way to tackle the control of stochastic noise in three dimensions is to reduce the

sound transmission to the zone of interest. In buildings, windows are often the weak link

in protecting the interior from outside noise. In particular, double glazed windows have a

poor sound insulation at low frequency around the mass-air-mass resonance (double wall

resonance). Since the passive means for windows are exhausted, an active controller that

increases the transmission loss in the low frequency range is an attractive approach to

reduce the noise level in buildings.

Previously suggested feedforward controllers need reference microphones to measure the

disturbance outside and error microphones for the adaptation somewhere in the room. For

a real window this is unpractical or even infeasible. These limitations can be overcome

with the feedback controller presented here, that only uses sensors and actuators in the

cavity of the double glazed window.

For the modeling, the system is decomposed into five subsystems that are governed by

coupled partial differential equations. These equations are solved using modal expansion.

Because the coupling between the subsystems can be calculated as well, it is possible to

assemble the subsystems into one single state space model.

The eigenfrequencies and mode shapes predicted by the model are validated using a laser

vibrometer. In addition, transfer functions measured on the structure are compared to

those calculated from the model. In both cases, the measurement and the prediction agree
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very well.

From the validated model, design guidelines are derived. For example, it is shown that there

are some uncontrollable modes if the double glazed window is symmetrical. It is confirmed

experimentally that the performance of an active controller is doubled if symmetry in the

construction of the double wall panel is avoided. The model is also used to optimize the

sensor and actuator locations.

Four different controllers - two feedforward and two feedback strategies - are designed,

implemented and compared. With feedback the noise transmission around the mass-air-

mass resonance can be reduced by 13 dB, compared to 18 dB with a feedforward controller.



Zusammenfassung

Eine Möglichkeit, Lärm in räumlichen Situationen zu reduzieren, besteht darin, die Schall¬

übertragung in den Raum zu vermindern. Bei Gebäuden sind Fenster oft das schwächste

Glied der Schallisolation. Insbesondere haben Doppelverglasungsfenster eine schlechte

Schallisolation bei tiefen Frequenzen im Bereich der Doppelwandresonanz. Da die passi¬

ven Isolationsmöglichkeiten ausgeschöpft sind, ist ein aktive Regler, der die Schallisolation

bei tiefen Frequenzen erhöht, eine interessante Möglichkeit, um den Lärm in Gebäuden zu

reduzieren.

Die in der aktiven Lärmunterdrückung üblichen Feedforward-Regler benötigen Mikrophone

im Freien zur Messung der Störung und Mikrophone im Innern für die Adaptation, was

unpraktisch und in vielen Fällen auch nicht machbar ist. Diese Probleme können mit dem

hier vorgeschlagenen Feedback-Regler überwunden werden, denn es werden nur Sensoren

und Aktoren im Zwischenraum zwischen den Scheiben benötigt.

Für die Modellierung wurde das System in fünf Subsysteme aufgeteilt. Das Verhalten dieser

Subsysteme kann durch gekoppelte partielle Differentialgleichungen beschrieben werden,

die mit einem Modalansatz gelöst werden können. Weil auch die Kopplung zwischen den

Subsystemen bestimmt werden können, ist es möglich, ein Modell des Gesamtsystems in

Zustandsraumdarstellung herzuleiten.

Die vom Modell vorausgesagten Eigenfrequenzen und Modenformen wurden mit einem

Laser-Vibrometer validiert. Zusätzlich wurden Übertragungsfunktionen auf der Struktur
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gemessen und mit jenen des Modells verglichen. In beiden Fällen ist die Übereinstimmung

sehr gut.

Ausgehend vom validierten Modell konnten Konstruktionshinweise abgeleitet werden. Bei¬

spielsweise konnte gezeigt werden, dass nicht-steuerbare Moden existieren, wenn die Dop-

pelverglasung symmetrisch gebaut ist. Es konnte experimentell gezeigt werden, dass ein

Regler etwa die doppelte Regelgüte erreicht, wenn das Fenster asymmetrisch ist. Basierend

auf dem Modell wurden auch die Positionen der Sensoren und Aktoren optimiert.

Vier verschiedene Regler wurden entworfen und implementiert, zwei waren Feedforward-

Regler, und zwei basierten auf Feedback. Mit dem besten Feedback-Regler konnte die

Schallisolation im Bereich der Doppelwandresonanz um 13 dB erhöht werden, mit dem

Feedforward gar um 18 dB.
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Chapter 1

Introduction

1.1 Motivation for Active Noise Control

Increasingly, noise is perceived as an environmental pollutant. A growing part of the

population is no longer willing to tolerate the noise produced by car traffic, trains and air¬

planes (Neue Zürcher Zeitung, September 3, 1997; Tages-Anzeiger, July 30, 1996; Tages-

Anzeiger, March 19, 1997a; Neue Zürcher Zeitung, May 10, 2000b; Neue Zürcher Zei¬

tung, April 25, 2000a). This shift in attitude is also reflected in the stricter legislation

(Lärmschutzverordnung (LSV), 1986). However, these more than ten year old regulations

have been barely implemented. In Switzerland 330 000 people are living with railway noise

which is above the level imposed by law (Neue Zürcher Zeitung, September 3, 1997; Tages-

Anzeiger, September 21, 1997b). Since it is the obligation of the person causing the noise

to bring it down to a legal level, the Swiss Federal Railways will have to spend about

2 billion Swiss Francs to comply with the law (Lärmschutzverordnung (LSV), 1986). The

noise abatement for the Zurich airport will cost about 1 billion Swiss Francs during the

next couple of years (Tages-Anzeiger, July 7, 1999).

In cars and planes a low interior noise level is an important product feature (Felske, 1996;
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18 1 Introduction

Ross and Purver, 1997). Hence, automotive companies as well as plane manufacturers have

always paid much attention to this problem.

Lowering the noise level is not only desirable from a health and quality of life point of

view, it can also affect safety. For example, it was observed, that the long-term attention

of pilots is improved when the cockpit noise is reduced. Also, the passengers' capability to

work after travel is less affected.

Traditionally, noise was reduced by passive means like mufflers, noise barriers, damping

plates, sound absorbing materials, double glazed windows etc. The effectiveness of most

of these passive means is limited to high frequencies and all have some disadvantages.

Mufflers in exhausts increase the flow resistance and back pressure, which tends to reduce

the machinery performance (Elliott et al., 1997). Damping plates and sound absorbing

materials work best at high frequencies or are otherwise very large and heavy (Fuller and

von Flotow, 1995). Due to resonances, the transmission loss at low frequencies of double

glazed windows can be worse than that of single glazed windows (Cremer and Heckl, 1996).

In the last decade, active control of sound and vibration (at audio frequencies) has emerged

as a viable technology to bridge this low-frequency technology gap (Fuller and von Flotow,

1995). The idea of active noise control was conceived in the 1930s (Lueg, 1936). However,

it was not until the advent of modern digital computers that active control became truly

practical. Nowadays, active noise control constitutes a field of intensive on-going research

(Nelson and Elliott, 1995; Fuller et al., 1996; Kuo and Morgan, 1996; Elliott et al., 1997;

Elliott and Horvâth, 1997; Douglas, 1999). In recent years papers have been published

at the rate of several hundred per year (Ruckman, 1995), and the first products were

introduced to the market (Technofirst, 1997; Digisonix, 1997; Carme et al., 1997; Ross and

Purver, 1997). Currently, more than 200 passenger aircrafts (SAAB 2000) with active noise

control systems are said to be in service (Ross and Purver, 1997; Elliott et al., 1997). The

recent survey article (Elliott, 1999b) gives an excellent overview over current applications

as well as new trends in active noise control.
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A second driving force, or enabling technology, for active noise and vibration control are

the enormous activities in the area of smart materials and smart structures (Baz and Ro,

1996; Chou et al., 1996; Resch et al., 1995; Paradies, 1997; Thomas et al., 1995; Koopmann

et al., 1997; Crowe and Sater, 1997). Nowadays, a whole new generation of sensors and

actuators is available, which allow one to think of ever new applications. However, the

control algorithms to handle such systems are lagging behind. The survey article (Crowe

and Sater, 1997) calls control one of the most challenging aspects in the smart materials

and structures arena, in large part because of the complexities and uncertainties inherent

in the materials and structural dynamics of complex systems.

1.2 Classification of Active Control Systems

1.2.1 Noise vs. Vibration Control

Active noise reduction can be tackled in two ways, active noise control (ANC) and active

structural acoustic control (ASAC) (Ruckman, 1995; Elliott et al., 1997; Fuller et al., 1996).

In ANC, the actuators are speakers which produce an out-of-phase signal to cancel the

disturbance. By means of destructive interference and impedance coupling the noise is

reduced locally or globally (Ruckman, 1995; Nelson and Elliott, 1995). In ASAC, the

actuators are vibration sources (shakers, piezoceramic patches, etc.) which modify how a

structure vibrates, thereby altering the way it radiates noise. ASAC differs from active

vibration control in that only the radiation efficient modes, i.e., in general, the odd modes

are controlled (Elliott et al., 1997).
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1.2.2 Ease of Implementation

According to Fuller and von Flotow (1995) the ease of implementation of a (feedforward)

active noise or vibration control system is affected mainly by three parameters:

1. spectral complexity: narrow-band noise vs. broad-band (stochastic) noise;

2. spatial complexity: one-dimensional duct applications vs. control of sound in three-

dimensional situations;

3. damping: well damped vs. highly resonant systems.

These parameters can be visualized as in Fig. 1.1. Problems close to the origin of the

diagram are "easier" or "more feasible" than problems far away.

It is intuitively clear that periodic noise is easier to control than stochastic noise, and

that a one-dimensional sound field is easier to handle than a three-dimensional situation.

However, the influence of passive damping is not so obvious. It has to do with the fact

that all feedforward controllers (cf. Subsec. 1.2.3) basically invert the plant. In plants with

little damping small changes in the eigenfrequencies and/or damping ratios lead to very

large uncertainties and therefore to a more difficult control problem (cf. e.g. Kaiser et al.

(1998)).

In Elliott (1999b) three applications are described: active headsets, active reduction of

transformer noise, and active control of interior noise in airplanes. The headsets can also

cope with stochastic noise, but the plant is well damped and spatially simple. For the

transformer problem, the noise is periodic, the plant well damped but spatially complex.

In the case of the plane interior noise the situation is similar. Hence, most existing active

noise control systems are difficult with respect to one parameter of Fig. 1.1 only.
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resonant

natural

damping

spectral
complexity

stochastic

noise

"feasible ANC systems"

spatial

complexity

Figure 1.1: Active noise and vibration control problems can be classified according to the

spectral complexity of the noise, the spatial complexity of the problem and the natural

damping in the system (after Fuller and von Flotow (1995)). The further away a system is

from the origin, the more difficult is the implementation. The existing active noise control

systems - termed "feasible systems" - are "difficult" with respect to one system property

only.
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1.2.3 Access to Source

The vast majority of the successful applications presented in (Elliott and Hamada, 1995;

Elliott and Horvâth, 1997; Douglas, 1999) are systems, where either the noise source is

well defined (hence it is relatively easy to get a coherent measurement of the noise to

cancel) or the noise is (quasi-)periodic (hence it is easy to predict (Hillerström, 1996; Hu,

1996; Brungardt et al., 1997)). Then the problem can be formulated as a pure feedforward

problem (Fuller and von Flotow, 1995; Elliott et al, 1997; Fuller et al, 1996; Nelson and

Elliott, 1995). In these situations controllers based on adaptive FIR-filters and the xLMS

algorithm are currently the most widely used technique (Widrow and Stearns, 1985; Nelson

and Elliott, 1995; Elliott and Hamada, 1995; Elliott and Horvâth, 1997), owing to the

algorithm's simplicity and robustness (Guo et al., 1997). The relatively slow convergence of

the algorithm is often accelerated by employing other filter adaptation methods (modified

LMS, RLS, lattice filters) (Kuo and Morgan, 1996), processing frequency-domain data

(von Grünigen et al., 1995), or using other filter structures (IIR filters, hybrid feedforward

and feedback systems (Adachi and Sano, 1996)). Furthermore, recent results (Hassibi

et al., 1996; Guo et al., 1997; Zhang, 1999) have improved the theoretical understanding of

the LMS algorithm. Feedforward systems designed with robust control tools are reported

too (Nonami et al., 1996; Kaiser et al., 1996).

If no upstream measurement of the incident noise is available, and the noise is stochastic

with weak correlation, feedback control is the only option. Because of delays associated

with the traveling time of sound, the compensation source must be close to the area of can¬

cellation (<0.5m). Hence, active headsets (Elliott et al., 1997; Technofirst, 1997), active

head rests (Rafaely et al., 1997; Carme et al., 1997) are the most interesting applications

so far.

Combined feedforward and feedback systems are reported e.g. in Elliott et al. (1995), Fuller

and von Flotow (1995), Imai and Hamada (1995), Adachi and Sano (1996).
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Figure 1.2: Conceptual view of active noise control in three dimensions. The noise is

incident from all directions and should be canceled with speakers. However, such a naive

approach will fail.

The ASAC literature can be divided similarly in feedforward and feedback schemes. In

the feedforward case, the xLMS algorithm is again very popular (Fuller et al., 1996; Elliott

et al., 1997; Maillard and Fuller, 1997). For broadband noise with multiple not localizable

sources, a feedback scheme must be used. This - obviously more difficult - problem

is less studied than the feedforward case. Some results for plates are presented e.g. in

Dehandschutter et al. (1997), Johnson et al. (1997), Resell (1998), and Prajna et al. (2000).

1.3 Motivation for the Problem Studied In this Thesis

From the classification of existing ANC systems in Sec. 1.2 one can see that there is a

need for noise control systems that cancel stochastic noise from multiple sources in a

three dimensional setting (Fig. 1.2). In such a situation no upstream measurement of the

disturbance is available and therefore feedback is the only option for active noise control.

If we assume that we are unable to influence the noise source, there are two options left. One
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Figure 1.3: Windows often have a poor sound insulation characteristic at low frequency. In

this thesis the design of an active controller to increase the sound insulation is presented.

can try to create a zone of quiet around the observer's head by placing the speakers close

to the person's head as in the case of active headsets (Elliott et al., 1997; Technofirst, 1997)

and active head rests (Rafaely et al., 1997; Carme et al., 1997). Alternatively, one can try

to actively reduce the sound transmission. In this case the transmission path between the

source and observer is reduced by an active controller. This is the underlying idea e.g. in

active struts (Elliott et al., 1997; Maier, 2000), and the work presented here.

In this thesis, the active control of sound transmission through a double glazed window

is addressed (Fig. 1.3). Windows often constitute the weak link in a chain of building

elements protecting the interior against outdoor noise. Already at the design stage it is

necessary to optimize the transmission loss of a window against polluting noise, i.e. to

obtain the maximum possible transmission loss in the expected frequency range.

Typical measured transmission loss curves of two double glazed windows are depicted in
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Fig. 1.4. Like most double glazed windows, they have a poor transmission loss at low

frequency in general. In addition, there is a large drop around the double wall resonance

frequency (mass-air-mass resonance). For the two windows in Fig. 1.4 the drops lie in

the one-third octave around 125 Hz and 180 Hz, respectively. Typically, at this frequency

the transmission loss of the double glazed window corresponds to or is even less than the

transmission loss of a single glazed pane with a total surface mass equal to the sum of the

masses of the two individual panes. This significant reduction in the transmission loss at

the double wall resonance frequency is common to all double wall structures. The air in

the space between the two panels acts like a spring transferring vibrating energy from one

panel to the other.

In this thesis a feedback controller that increases the transmission loss with active meth¬

ods at low frequency, in particular, around the mass-air-mass resonance is designed and

implemented. The controller works for multiple, random sources and does not rely on an

upstream measurement of the disturbance. All the sensors and actuators are contained in

the window itself. Hence, this thesis is a contribution to the active control of stochastic

noise in three dimensions by means of feedback, which was identified in the recent survey

article (Elliott, 1999b) as one of the major issues now and in the future.

1.4 Key Issues In Active Noise Control and Approach

Chosen

It was stated above that there are two enabling technologies that make active noise con¬

trol possible now: the increased computation power and the advances in smart materials.

However, there are still many unresolved issues:
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(a) Measured transmission loss

of a double glazed window type

GH9/20Ar/6 (9 mm pane, 20 mm

cavity filled with argon, 6 mm

pane) between reverberation

rooms according to ISO/DIS

140-3 Estimated mass-air-mass

resonance at 121 Hz

(b) Measured transmission loss

of a double glazed window type

10/16Ar/6 (10 mm pane, 16 mm

cavity filled with argon, 6 mm

pane) between reverberation

rooms according to ISO/DIS

140-3 Estimated mass-air-mass

resonance at 180 Hz

Figure 1.4: Typical transmission loss curves of two double glazed windows (Pietrzko, 1996;

Pietrzko, 1998). The solid line is the transmission loss curve, and the dashed line a normed

reference. For both configurations the transmission loss is small at low frequency. In

addition, there is a significant drop at a particular frequency, the so-called mass-air-mass

resonance.

These transmission loss curves are measured in a special set-up of the EMPA testing facility.

The window is installed in a normed opening between two normed rooms. The ratio of

the sound level in the second room with and without the window installed in the opening

gives the transmission loss.
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Interplay of structure dynamics, materials, identification, and control

• Most vibro-acoustic systems must be modeled by partial differential equations which

makes the models quite complex even in simple situations.

• The systems contain a fair amount of uncertainty. For example, the bonding of piezo

patches to structures is often not very well defined. Also, the boundary conditions

are often difficult to handle mathematically, e.g. the boundaries of plates are never

truely clamped or simply supported.

Failure of standard control tools

• Most vibro-acoustic models are of very high order. Fifty or a hundred states in the

frequency range of interest are not unusual. In most cases, off the shelf control tools

have problems to cope with this high order either for computational or numerical

reasons.

Implementation issues

• Many vibro-acoustic systems have no roll-off in the frequency range of interest.

• Even with today's computer power, the high order of the systems and controllers can

cause problems.

• The implementation has to be done with HiFi-quality. A reduction of a few dB is

not enough to be audible.

For these reasons a balanced approach between theory and experiment was chosen. In ret¬

rospect we continue to believe that it was the right way. A purely theoretical or simulation

based study would not address the above mentioned issues and therefore be less useful.



28 1 Introduction



Chapter 2

Literature Review

2.1 Double Panels

Apart from double glazed windows, the fuselage of an airplane, and sometimes building

walls are basically double panel structures whose shells are coupled via a fluid cavity.

Therefore double panel structures have been the subject of study in acoustics and structural

dynamics for several decades.

Different theoretical approaches have been proposed to explain and predict the low fre¬

quency transmission loss drop of a double wall panel. For example, in Beranek and Work

(1949), London (1950), Cremer and Heckl (1996), Fahy (1985), methods are presented for

the derivation of a transmission coefficient of a panel exposed to a random sound field as

a function of frequency and angle of incidence. All these approaches consider double wall

panels of infinite size, and all of them predict the mass-air-mass double wall resonance

frequency and a corresponding single vibratory mode at which both planes should move

entirely (like rigid bodies) in opposite directions with a phase difference of 180°. However,

new experimental results as presented e.g. in Pietrzko (1996) and Pietrzko (1998) showed

that for a double glazed window of finite size the situation is more complex.
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ti\v

Figure 2.1: Feedforward controller for a double panel.

2.2 Feedforward Control of Double Panel Structures

The control of double panels has been addressed before. In De Fonseca et al. (1996),

Bao and Pan (1997), Pan and Bao (1998), and Sas et al. (1995) feedforward controllers

similar to the one sketched in Fig. 2.1 are designed. The noise source is assumed to be

well defined and an upstream measurement of the disturbance is taken. An adaptive

feedforward controller is then used to cancel the sound at some error sensor locations.

As pointed out in these papers there are two control mechanisms to reduce the sound

transmission, modal suppression and modal rearrangement.

In the case of modal suppression some radiation efficient modes of the coupled system are

suppressed by the speakers in the cavity. In this case also the sound pressure in the cavity

is reduced, thus breaking the transmission path from the first to the second panel.

We speak of modal rearrangement if the coupled modes are changed in amplitude and phase

such that they cancel the radiation of each other.
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For example, if at a certain frequency the radiation of the uncontrolled double panel is

dominated by one mode, one could either suppress this first mode (modal suppression) or

excite a second mode that cancels the radiation from the first one (modal rearrangement).

The derivation in Pan and Bao (1998) was made with a feedforward controller in mind.

The basic conclusions. However, also hold for feedback controllers.

In Implementation of an Active Noise Control System m a Double-Glazing Window by

De Fonseca et al. (1996) a feedforward controller for a double-glazed window is implemen¬

ted. The actuators are speakers in the cavity between the panes. The authors first build

an FE model of the vibro-acoustic system, which they update and validate with measured

data.

Then, a genetic algorithm is used to optimize the positions of the actuators. The cost

function is the noise reduction in a certain frequency range calculated with the updated

model. This step is said to be crucial for good performance, however, the actual positions

are not given in the paper.

Finally an active noise control system is implemented. A feedforward LMS algorithm with

measured disturbance is used. The noise reduction is between 5 and 10 dB in the frequency

range from 30 to 160 Hz for a system with 2 speakers and 2 microphones.

In Active Control of Sound Transmission through a Double Panel Partition (Sas et al., 1995)

a similar approach as in De Fonseca et al. (1996) is taken, i.e. a feedforward controller is

implemented and the analysis is done via an updated finite element-boundary element

model.

A comparison of controllers with one or two compensation speakers reveals that the one-

speaker system has a worse performance. At those frequencies where two modes are of

similar magnitude, it is necessary to have two actuators which couple to the modes in

different ways to assure control for both of them.
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In addition they show that for the system under consideration, the noise reduction is almost

the same if the error microphones are in the cavity or in the receiving room. From this

they conclude that modal suppression is the main control mechanism here. The authors

mention that this may not hold for systems where changing the modal pattern is the more

important control mechanism.

In Experimental Study of Different Approaches for Active Control of Sound Transmission

Through Double Walls (Bao and Pan, 1997) and the companion paper Analytical Study

of Different Approaches for Active Control of Sound Transmission Through Double Walls

(Pan and Bao, 1998) three different feedforward control approaches are implemented and

compared for harmonic excitation.

If the actuators are speakers in the receiving room the authors speak about room control.

In this situation the control mechanism is purely modal suppression. It is pointed out

that for best effects the control loudspeaker should be placed as close as possible to the

radiating panel.

The situation where vibration actuators are used on the second panel is called panel control.

At lower frequencies, the modal density of the panel is higher than the one of the cavity.

Therefore control is more difficult. However, at higher frequencies, it is the other way

round and panel control may have some advantages.

Cavity control is the use of speakers in the cavity between the panels. It is said that the

transmission path is broken. They also point out that global reduction of the sound pres¬

sure in the cavity does not necessarily lead to global reduction of the panel vibration. The

control mechanism is said to be a combination of modal suppression and modal rearrange¬

ment with modal rearrangement playing a more important role. Also two different sensing

strategies are compared. With external sensing, i.e. sensing in the receiving room, both

mechanisms are involved. With sensing in the cavity, however, only modal suppression is

possible.
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In summary, they conclude that for the control of broadband noise or tonal noise with a

variable frequency, cavity control is superior to panel control.

Two remarks should be made about this statement. First, the situation may be different

for stiffer panels and wider cavities. Second, the modal density of the coupled system, as

e.g. pointed out by Sas et al. (1995) is the same on the entire double wall structure. So

the correct statement should probably be that for some configurations the mode shapes in

the cavity are simpler than those on the panels.

The same authors point out in Active Acoustic Control of Noise Transmission Through

Double Walls: Effect of Mechanical Paths (Bao and Pan, 1998) that the sensing in the

receiving room is superior to sensing in the cavity if there are also structural transmission

paths.

The paper Active Structural Acoustic Control of Noise Transmission Through Double Panel

Systems (Carneal and Fuller, 1995) describes a series of experiments. Again, a feedforward

controller and harmonic excitation are used for the experiments, which led to the following

findings

• The application of control inputs to the radiating panel resulted in greater trans¬

mission loss due to its direct effect on the nature of the structural-acoustic coupling

between the radiating panel and the receiving chamber.

• Use of a stiff radiating panel in a double panel system resulted in increased overall

attenuation due to both passive and active effects.

• Control of the radiating panel excited on-resonance was more effective than one

excited off-resonance.

• They got a few dB difference in the performance depending on the excitation (per¬

pendicular plane wave, oblique plane wave, reverberant excitation). No attempt is

made to explain this phenomenon.
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The results in Bao and Pan (1997) and Carneal and Fuller (1995) are somewhat contra¬

dictory, since in the first paper cavity control is said to be superior over panel control,

whereas the latter says the opposite. The different results may be explained by differences

in sensor and actuator locations or by the frequency range considered.

In Enhancement of the Transmission Loss of Double Panels by Means of Actively Con¬

trolling the Cavity Sound Field (Jakob and Moser, 1999) different speaker configurations

inside the cavity are compared. A whole series of experiments is made with a feedforward

controller and harmonic excitation. The error microphones are also inside the cavity, i.e.

the sound pressure in the cavity is controlled even though the sound transmission is the

quantity of interest. The following statements are made:

• For the control of the mass-air-mass resonance the exact position of the actuators

does not really matter, since the Helmholtz mode is always controllable.

• If the frequency range of interest is extended to higher frequencies where the cavity

modes also play a role, e.g. the (0,1,0)-mode1, a position on the side might be

preferable over a position in the corner.

• For the type of feedforward control used the position in the corner gives a decent

performance for all modes. For single modes some other positions might be superior.

In the very thorough investigation Experimental Study of the Active Sound Transmission

Reduction Through a Double Panel Test Section (De Fonseca et al., 1999) feedforward

controllers for different sensor and actuator configurations are designed and implemented.

The control experiments were performed on a plane fuselage mock-up with about 80 coupled

eigenmodes in the frequency range of interest from 50 to 250 Hz. The outer panel is

substantially more rigid than the inner one and has only a few resonances. Because of the

high modal density the response is often dominated by more than one mode at a single

1The meaning of this nomenclature will be explained in Sec 4 5
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frequency. This makes the control task more difficult because multiple speakers must be

used. In addition, the selection of sensor and actuator locations is more important since it

is more likely that by attenuating one mode a closely spaced second mode is excited. The

control experiments were performed tonally, i.e. with a stepped sine wave.

Different sensor and actuator strategies were optimized and tested. The cavity control

results in a higher noise reduction. Apparently, the sound field in the cavity with just a

few modes is easier to control with a limited number of actuators. Because of the large

number of modes on the second panel, shakers only have a local effect. Combinations of

microphones and shakers and vice versa did not give better results.

Essentially, the cavity control system minimizes the potential energy in the cavity of the

double panel partition. However, some experiments showed, that there is almost a lin¬

ear relationship between the reduction in acoustic potential energy in the cavity and the

reduction in radiated sound power.

The authors conclude that a modal suppression control mechanism is most efficient for

systems with low modal densities. Therefore a control system is preferably installed in the

subsystem of the transmission path with the lowest modal density.

Finally it is found that the speakers at optimized locations perform better than the speakers

in the corners of the cavity.

2.3 Feedback Control of Double Panel

Structures

There are numerous publications about feedback control of sound transmission through

plates and sound radiation from plates. The papers by Baumann et al. (1991), Nelson

and Thomas (1996), Thomas and Nelson (1995), and the summary in Fuller et al. (1996)
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are some of the earlier ones. Many aspects that hold for plates do also hold for double

panels. No summary of this literature is given here but the relevant aspects are quoted

later directly in the text.

A double panel structure is investigated in Feedback Control of Noise Transmission Through

a Double-Panel Partition (Paurobally et al., 1999). The authors try to control narrow-band

noise transmission at two frequencies. The first frequency range (55 Hz) is at the mass-

air-mass resonance, where the sound field in the cavity is dominated by the (0, 0, 0) mode.

The second one is at a higher frequency (171 Hz), where the (0,2,0) mode in the cavity

and several modes on the sending panel are active.

For sensing and actuation one speaker in a corner and one microphone are used. The

position of the microphone is chosen such that the cavity mode that dominates at the

particular frequency range of interest, is well observable. As a controller, a fourth order

precompensation is used.

The rather simple controller gives quite a good performance in the lower frequency range.

They verify with an array of microphones, that the noise reduction in the receiving room

at 55 Hz is global. At most locations in the receiving room the attenuation is about 10 dB.

However, there is a relatively large control spillover at the control microphone in the cavity.

They do not investigate what the effect of this is in the receiving room. Due to the large

modal density on the panel this effect could be reinforced by some plate resonances. The

authors point out that the mechanism of control involved at 55 Hz is purely the suppression

of the cavity Helmholtz mode, since it dominates the sound field between the panels at

this frequency.

The second set of experiments is concerned with the frequency range at 171 Hz where the

(0, 2, 0) cavity mode dominates the cavity response. They design a loop-shaping controller

that is not discussed in detail and get about 6 dB. Again, there is substantial control

spillover.
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They conclude that single channel feedback is possible at lower frequencies where the modal

overlap is small. At higher frequencies control is impossible because too many modes are

involved.

2.4 Discussion

The publications on feedforward control of double panel structures show that it is possible

in principle to build a controller that reduces the transmission loss. From the somewhat

contradictory results in Bao and Pan (1997) and Carneal and Fuller (1995) one can conclude

in accordance with De Fonseca et al. (1999) that it is important to consider all the factors

that affect the controller performance, i.e. the positioning of the actuators, the sensors,

and the design of the structure.

As pointed out in Subsec. 1.2.3, these feedforward controllers cannot cope with stochastic

noise from multiple sources where a simple measurement of the disturbance is not possible.

In this situation a feedback controllers in the sense of Paurobally et al. (1999), and Pietrzko

and Kaiser (1999) are the only alternative. However, a simple controller as in Paurobally

et al. (1999) can lead to substantial control spillover. Again, a thorough combination of

plant design, sensor and actuator positioning, and controller design is necessary.
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Chapter 3

Plant under Consideration

3.1 Experimental Set-Up

The experimental set-up was built at the building acoustics testing facilities of the Swiss

Federal Laboratories for Materials Testing and Research (EMPA) in Dübendorf. It consists

of two rooms, the sending room where the noise source is, and the receiving room where

the observer is (cf. Figs. 3.1 and 3.2). The receiving room is a semianechoic chamber with a

volume of 78.1 m3. This means that the walls are oblique to avoid peaky room resonances.

Furthermore, some damping panels were put in the room to flatten the room response even

further.

The double panel structure under study was installed in the wall-opening between the two

rooms (Fig. 3.3). The panes are monolithic glass panels with a size of 717 x 1091 mm. The

pane on the sending room side has a nominal thickness of 6 mm, the one on the receiving

room side of 6 mm or 3.2 mm. In the sequel, the panel on the sending room side will be

called panel 1, the other one panel 2.

The double panel was mounted in wooden sashes with dimensions x = 1480 mm and
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Figuie 3 1 Dimensions of the test looms m meteis The noise is generated m the sending

loom, transmitted through the panel, and measuied m the leceivmg loom

126
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2 03 1 50 1 32

Figuie 3 2 Dimensions of the wall between sending and leceivmg loom m meters
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Figure 3.3: View of the experimental set-up from the receiving room. The panes are

mounted in wooden sashes to fit in the opening between the sending and the receiving

room. The cables connect the microphones and speakers in two opposing corners of the

cavity with the amplifiers.
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Figure 3.4: Control speaker in the cavity between the panes. A microphone is mounted

right next to the speaker.

y = 1230 mm (Fig. 3.3). These sashes consist of an inner frame and an outer frame on

each side. The outer frame can be removed, such that the pane can be exchanged. At

the inside there are some rubber edges which press on the glass once the outer frame has

been tightened. The cavities inside the sashes were filled with several layers of damping

material.

The interpanel spacing of 84 mm was filled with air. This unusually large spacing was

chosen to simplify the mounting of control speakers in the cavity (Fig. 3.4). Typically,

the interpanel spacing is only about 20 mm. The influence of the larger spacing will be

discussed in detail in Sec. 5.6.

In addition to the speakers, microphones were also mounted in the cavity between the

panels. One of them is visible in Fig. 3.4. The exact position of the microphones as well
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as a detailed list of all the nominal parameters of this experimental set-up can be found in

App. A.

3.2 Instrumentation

For the data acquisition, the measurements, and the controller implementation a Pentium II

PC with 450 MHz was used. The data I/O was done with two PCI-MIO-16E-4 cards from

National Instruments.

Ordinary audio amplifiers were used as power amplifiers for the speakers. Since the com¬

pensation speakers (Visatron, 1999) are an important part of the system, they are described

in detail in the modeling chapter 4, and the data sheet is given in App. B.

The microphones and their amplifiers were rather standard with a flat response in the

frequency range of interest. Some remarks about the noise floor can be found in App. B.3.

All the programs to acquire data and to implement controllers were developed with Simu-

link and Matlab using the Real-Time-Workshop and the xPC-toolbox for the translation

into real-time code (MathWorks, 1997; MathWorks, 1999a; MathWorks, 1999b).

3.3 Performance Evaluation

While it is relatively easy to generate noise with a speaker in the sending room, the per¬

formance evaluation in the receiving room is somewhat more involved. Two systems as

depicted in Fig. 3.5 were at disposition: a rotating microphone that averages the meas¬

urements over the entire room, and a microphone array located on a hemisphere around

panel 2.
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(a) Rotating microphone The mi¬

crophone rotates with a period of

several seconds while the measure¬

ments are taken The measure¬

ments are then averaged With

such a system the room dynamics

can be eliminated

(b) A hemisphere with radius r =

1 m was built around the window

on the receiving side One mi¬

crophone is located in the center

of the hemisphere Eight micro-

phoneb are located in a circle at

45° from the window

Figuie 3 5 The two systems used for performance evaluation
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frequency [Hz]

Figure 3.6: Comparison of the rotating microphone and the microphone array. For fre¬

quencies above 50 Hz they can be considered equivalent. Below 50 Hz the measurements

from the hemisphere are corrupted by sensor noise. The qualitatively better microphone

on the rotating stand also performs well in this frequency range.

The radius of the hemisphere is 1 m. One microphone is located in the center right in front

of the panel. Eight microphones are located in a circle at 45° from the normal axis of the

window. For easier reference these microphones were numbered with #0 for the central

microphone, #1 to #8 for those at 45°, starting with #1 at the top and going clockwise.

For the controller design, the microphone array is more practical, whereas the rotating

microphone is the system of preference for measurements according to ISO-norm. As can

be seen from Fig. 3.6 both systems are equivalent for most frequencies. The relatively large

difference at low frequency is due to the high noise floor in the small microphones of the

array. The qualitatively better microphone on the rotating microphone returns accurate

measurements also below 50 Hz, whereas the measurement from the array is corrupted by

sensor noise. In App. B.3 the averaged noise floor of the array is given with regard to other

signal levels in the cavity.
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3.4 Frequency Range of Interest

When outlining the problem it was stated that the problematic frequency range is around

the mass-air-mass resonance. Since the more recent experimental studies Pietrzko (1996)

and Pietrzko (1998) revealed that several modes are involved in the phenomenon of poor

transmission loss, this denomination is not entirely correct. Nevertheless, we will continue

to call the frequency range of interest the mass-air-mass resonance, being aware that the

real situation is more complex.

From a measurement of the spectrum in the receiving room (cf. Fig. 3.7) using the mi¬

crophone array, the frequency range of interest was determined to be around 80 Hz for

both panels, the symmetric one where the second panel has a thickness of 6 mm and the

asymmetric one where the second panel has a thickness of 3.2 mm. This coincidence is

accidental (cf. Fig. 1.4).

The large peaks around 300 Hz are not due to poor sound insulation but due to the dy¬

namics of the sending room (Sec. 3.5.1).

3.5 Imperfections of the Experimental Set-Up

3.5.1 Sending Room Dynamics

In the course of the experiments it was noted that the sending room amplifies some fre¬

quencies more than others. For the plot in Fig. 3.7 the speaker in the sending room was

excited with band-limited noise from 50 to 500 Hz.

Away from the distinct modes between 60 Hz and 120 Hz, which are the problematic area

for this configuration, there are also some well excited mode groups at 150 and 300 Hz. Due

to some reflections at the wall behind the speaker which is about 1.2 m from the window,
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Measured transmitted noise through the double panels
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Figure 3.7: Noise spectra transmitted through the double panels for two different double

glazed windows (cf. Ch. 5 for details). The double panel is excited with band limited noise

(50 - 500 Hz). The spectra were calculated by averaging over the microphones of the

hemispheric array.
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these frequencies get particularly well excited. These peaks are not caused by a poor sound

insulation of the set-up at these frequencies. Without this effect, the spectrum would have

- as confirmed in Wernli (2001) - some peaks between 60 and 120 Hz and be much lower

otherwise.

3.5.2 Peripheral Paths

An active system to increase the transmission loss of the double wall structure can only be

effective if most of the sound energy is transmitted via vibrations of the two panels and

the cavity in between. If a substantial fraction of the energy is transmitted via peripheral

paths, e.g. vibrations of the wooden sashes or the wall itself, the performance achievable

by an active system is limited.

To answer this question the window, the sashes, and the surrounding wall were scanned

with an intensity probe. This way the sound energy emanating from a certain area was

detected and integrated. Due to scattering at the edges, this procedure is probably too

coarse for a detailed quantitative analysis, but is sufficient as a qualitative indicator.

The data for the plot in Fig. 3.8 were taken when two 6 mm panes were inserted. It is

important to note that for frequencies above 100 Hz the sound energy transmitted via the

window is only about 10 dB more than what goes through the wall, and only about 5 dB

more than what goes through the sashes. Below 100 Hz the ratio is even worse.

Even if these intensity measurements give only a rough estimate of the flow of the energy

one can state that below 100 Hz a considerable amount of energy goes through the frame

and the wall.

If we assumed that the same amount of energy goes through the panel and through peri¬

pheral paths, perfectly suppressing the flow of energy through the window means sup¬

pressing half of the energy flow. In the receiving room, this would result in a noise level
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Figure 3.8: Intensity measurement (Iq = 10~12Wm2). The window, the sashes, and the

surrounding wall were scanned with an intensity probe. The difference of the energy

transmitted via the double panel is only about 10 dB more than what goes through the

wall.
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sending room

>

receiving room

Figure 3.9: Coordinate system of the double panel. The panels lie in the xy-plane. The

sound is transmitted in positive ^-direction.

reduction of 3 dB only.

3.6 Coordinate System

In the sequel, a coordinate system as depicted in Fig. 3.9 will be used. The panels lie in

the xy-plane where x is the horizontal direction and y is the vertical direction. The sound

is transmitted in positive ^-direction, i.e. z is pointing from the sending to the receiving

room.



Chapter 4

Modeling of Double Panels

4.1 Introduction

A double wall panel is a vibro-acoustic system whose analysis involves tools from continuum

mechanics and acoustics. A simple yet valuable model can be found by considering infinite

panels (Sec. 4.2). However, as soon as we switch to finite panels the analysis is more

complicated.

In the literature, three different modeling approaches can be found.

• In Sas et al. (1995), and De Fonseca et al. (1996) a finite element - boundary element

model is developed. The parameters are updated using modal analysis techniques.

• In Pan and Bao (1998), a modal model is derived from the partial differential equa¬

tions of the subsystems.

• In Gardonio and Elliott (1999) the double panel is split into a set of smaller submodels

which are connected via transfer mobility matrices.

We decided to develop the model along the lines of the second technique, because a modal

51
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model is very well suited for analysis.

In Sec. 4.3, we will show how the double panel structure can be split into five simpler sub¬

systems. In the subsequent sections, we will solve the PDEs with modal expansion similar

to Pan and Bao (1998), and connect the subsystems to a complete model. Eventually, the

models of the subsystems are transformed into state space form and assembled to a single

model in Sec. 4.11.

4.2 Infinite Panels

Some insight for the behavior of double panels can be gained by considering such a structure

of infinite size (Cremer and Heckl, 1996).

Let us assume that the double panel structure is excited on the sending side by a plane

harmonic wave

p(r,t)=pe-j{kr)eJUJt (4.1)

with the angular frequency u (cf. also Sec. 4.10 for a more detailed treatment of plane

waves). Below the critical frequency1 fc, which for a panel is given by

fc = ^V^B , (4.2)

the transmission loss Rsp of a single panel of infinite size can be calculated by

i^l01g(l + ^g^)dB. (43)

where m" is the mass per area of the panel, ß is the incident wave angle (with respect to

the normal axis of the plate), po = 1.2kg/m3 is the air density, cq = 340 m/s is the speed

1 Since the phase speed on the plate increases with frequency whereas it is constant m air there is a

critical or cut-off frequency fc (Heckl and Müller, 1975) at which cpiate = croom (cf also (4 113)) The

derivation of (4 2) holds only below fc
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of sound in air. The transmission loss is the ratio of the sound energy on the receiving side

with and without the panel.

On the other hand, the transmission loss i?dP of a double panel of infinite size and for equal

panel masses can be calculated by

i?dp = 101g
u2m"2 cos2 ß / u2m"x

1 + -^ 1

4p2c2 ^ 2s"
dB

, (4.4)

where s" is the stiffness per area of the air volume which equals (Cremer and Heckl, 1996;

Jakob and Moser, 1999)

d

Here d denotes the distance between the panels.

(4.5)

Figure 4.1 shows the single panel transmission loss Rsp and the double panel transmission

loss i?dP- The frequency is normalized to the mass-air-mass resonance frequency which

exists due to the coupling between the two panels and the air cavity, and which can be

calculated by

It is important to note that the double panel transmission loss drops to zero for the mass-

air-mass resonance. Furthermore, the single panel transmission loss increases with 20 dB

per decade in the higher frequency range, whereas the transmission loss of the double panel

increases with 60 dB per frequency decade.

4.3 Finite Panels

The methods used to derive the transmission loss formulas in Sec. 4.2 for infinite panels

cannot be extended to panels of finite size. Therefore a rather involved vibro-acoustic

model has to be developed. For the understanding of vibrating structures, acoustics, and
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Figure 4.1: Comparison of the theoretical transmission losses of a single panel (dashed) and

a double panel (solid). The frequency / is normalized to the mass-spring-mass resonance

fdp of the double panel. The incident wave angle is assumed to be ß = 45° to the normal

axis of the panel.
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the interaction of the two the references Heckl and Müller (1995), Beranek and Ver (1992),

Fuller et al. (1996), and Fahy (1985) are valuable.

A double panel structure can be viewed as consisting of five dynamic elements, namely,

• the excitation dynamics, which describe the mechanism how plane waves excite the

first panel

• the dynamics of the first panel (panel 1),

• the dynamics of the cavity,

• the dynamics of the second panel (panel 2),

• the radiation dynamics.

These five elements are simpler and relatively well understood (cf. e.g. Heckl and Müller

(1995), Beranek and Ver (1992), Nelson and Elliott (1995) Fuller et al. (1996)). Hence,

they are first modeled individually and then put together into one large model.

At this point it should be noted that the sending and the receiving room may also have

some dynamics (Subsec. 3.5.1). However, they are not part of the sound transmission path

and are therefore neglected at this point.

4.4 The Panels

4.4.1 Wave Equation

The motion of a thin rectangular plate is governed by the PDE (Fuller et al., 1996; Jones,

1975)
Tr

d4w
n Tr

d4w
Tr

d4w
,

d2w

A'a? +
2*»&5ëF + K'W +p^

= ~p (47)
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where w(x, y, t) is the displacement of the plate in the ^-direction, and p(x, y, t) is a pressure

distribution. Of course, there is a large number of other, more detailed models for plates

(cf. e.g. Lagnese and Leugering (1996)). However, equation (4.7) proved to be sufficient

for many practical cases (Fuller et al., 1996).

The constants Ki, K2 and K3 in (4.7) depend on the material. For isotropic material e.g.

glass they are

K1 = K2 = K3 = EI= 12(f^2) = K
, (4.8)

where h is the thickness of the plate, E is Young's Modulus, and v is the Poisson ratio.

The wave equation (4.7) then becomes (Malecki, 1969, p. 518)

/ fr Q4 Q4 \ Q2
K [ßx1 + 2dxTôh? +

WJ
W(X'y'l) + phWw{-X'y'l) = _P(X'y'l) (49)

A more general form of the wave equation also contains a radiation loss term and a term

for internal losses (Malecki, 1969). However, theselossesareneglectedforthemoment.Ifwesettheforcingtermpin(4.9)tozeroandtrytosolvethehomogeneousequation,wemaketheAnsatzw=wtwxwy.(4.10)Byseparatingthevariableswegetnil^+2^^+^-+^-=0.(4.11)WXWXWyWyKWtWiththeAnsatzwt=é>^,(4.12)wx=AxekxX+Bxe-kxX+Cxe3kxX+Dxe-Jk*x,(4.13)wy=Ayekyy+Bye-kyy+Cyejkyy+Dye-Jkyy,(4.14)wegettherelationship{kl+kl)2=P^.(4.15)
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Figure 4.2: Two possible boundary conditions for plates: simply supported (left) where the

plate can turn freely around the supporting edge but cannot move, and clamped (right)

where rotations are also inhibited.

Analogously this can be written as

4.4.2 Boundary Conditions

In our experimental set-up, the panes are clamped between two rubber edges (Ch. 3). It

is not a priori clear, how these rubber edges act on the plate. Two common assumptions

for boundary conditions are simply supported and clamped (Fig. 4.2).

In the case of simply supported boundary conditions, the plate is supposed to lie on an

edge on which it cannot move but freely rotate. The boundary does not exert a moment.

When an edge is supposed to be clamped, however, then the plate edge can neither move

nor rotate.

Since in our case it is not clear, how these rubber edges affect the plate both cases, simply

supported and clamped, are derived below.

Simply Supported Panels

For a rectangular plate with side length a, b and area F that is assumed to be simply sup¬

ported the boundary conditions can be formulated mathematically as (Heckl and Müller,
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1995; Beranek and Vér, 1992; Fuller et al., 1996; Malecki, 1969)

d2w
w(x,y,t) = 0 and -^r{x,y,t) = Q on dF Vi

, (4.17)
on2

where n is the normal vector of the boundary dF, i.e. the vector pointing away orthogonally

from the boundary. The first condition basically says that the plate cannot move, and the

second that the plate is not bent in the direction orthogonal to the boundary which is

equivalent to saying that it freely rotates around the boundary.

From (4.13) and (4.14) it can be derived that the boundary conditions are only fulfilled

for distinct kx and ky, namely

TO7T TITT

kxm =
, kyn = — ,

where n, m = 1, 2,... . (4.18)
a b

Furthermore the modes can be determined as

wxm(x) = sm(kxmx) , Wyn(y) = sm(kyny) , (4.19)

or

®mn(x,y) = sin(kxmx)sin(kyny) . (4.20)

Note that the modes form an orthogonal basis for the plate areaF.Hence.Vmnm=p,n=q^mn%qdF={mnp'(4.21)0otherwisewhereVmnisthemodenormalizationfactor.Forthemodeshapes(4.20)Vmn=^,Vm,n=l,2,...(4.22)ClampedPanelsSincethederivationofthemodeshapesofaclampedplateisnotsostraightforwardasinthesimplysupportedcase,itisgivenhereinmoredetail(Malecki,1969).
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The boundary conditions of a clamped plate can be expressed mathematically as

w(x,y,t) = 0 and -j-—(x,y,t) = 0 on dF Vi
. (4.23)

The first condition again expresses the fact that the plate cannot move at the edges. The

second one is equivalent to saying that the rotation is inhibited.

If we use the Ansatz

wx = A cosh kxx + B sinh kxx + C cos kxx + D sin kxx
,

and insert it into the boundary conditions (4.23) we get the set of equations

01 0 1

0 kx 0 kx

cosh kxa sinh kxa cos kxa sin kxa

kT sinh kTa kT cosh kTa —kT sin kTa kT cos kTa

A

B

C

D

= 0.

These equations have a non-trivial solution iff the matrix is singular, i.e. iff

det M = 2kl (1 — cosh kxa cos kxa) = 0
,

(4.24)

(4.25)

(4.26)

or

1 = cosh kxa cos kxa . (4.27)

From the graphical representation of (4.27) in Fig. 4.3 we see that
(2m+1)7Tjk-yn(2n+l)7T(4.28)2a'"y"26Theexactsolution,however,canonlybedeterminednumerically.Ifwesolve(4.25)undertheassumption(4.27),wegetsinh(kxmx)—sin(kxmx)cosh(kxmx)—cos(kxmx)Wr,andw.ynsinh(kxma)—sin(kxma)cosh(kxma)—cos(kxma)_sinh(kyny)-sin(kyny)_cosh(kyny)-cos(kyny)sinh(kynb)—sin(kynb)cosh(kynb)—cos(kynb)(4.29)

(4.30)
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1.5

cos(x)

1/cosh(x)

Figure 4.3: Graphic representation of (4.27) for a = 1.

Figure 4.4: Normalized mode shapes for clamped boundary conditions.
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A normalized version of these mode shapes is depicted in Fig. 4.4. Of course, also this set

of modes forms an orthogonal basis as in the simply supported case (4.21). However, the

closed form of the mode normalization factor

fb pa

Vmn= / / w2xmw2yndxdy . (4.31)
Jo Jo

is rather involved. Here a numerical calculation is recommended.

4.4.3 Modal Decomposition

We saw above that for a finite plate - be the boundaries simply supported or clamped

- there are only distinct solutions for the wave numbers kx and ky. Via Eq. (4.16) these

distinct wave numbers correspond to distinct fmn, the so-called eigenfrequencies.

The solution of w is then the sum of all possible solutions (cf. e.g. Meirovitch (1990)), i.e.

oo oo

W(X, y,t) = ^2Yl Wmn(t)^mn(x, y) , (4.32)
m=\n=l

where &mn(x,y) is the (m,n),th mode shape function and wmn(t) is the corresponding in¬

stantaneous amplitude. If the solutions are ordered according to increasing eigenfrequencies

before adding them up this solution can

beapproximatedbyafinitesumMNw(x,y,t)«YlYl$*(x>y)wmn(t),(4.33)m=\n=lwherethevaluesofMandNcanbedeterminedfromthefrequencyrangeofinterest.Weomitthosemodeswhoseeigenfrequenciesexceedsomespecifiedf0.Undertheassumptionofproportionaldamping2theinstantaneousamplitudeisdeterminedbytheordinarydifferentialequationwmn(t)+2(mnujmnwmn(t)+uj2mnwmn(t)=-pmn(t),(4.34)2IfthedampingmatrixCfulfillsC=aM+ßK,whereMisthemassmatrixandKthestiffnessmatrix,wespeakofproportionaldampingInthiscasethemodalequationscanbedecoupledalsomthepresenceofdampingCfFülleretal(f996)andthereferencesthereinfordetails
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where the forcing term pmn is the projection of p on the (to, n)'th mode

Pmn{t) = -7— / ^mn(x,y)p(x,y,t)dF . (4.35)

4.4.4 Effect of Fluid Loading

The above derivation assumes that the vibrating plate is in-vacuo. However, our plate is

surrounded by a fluid, namely air. This problem is addressed at length in (Fahy, 1985).

The key results will be repeated here.

At first it must be noted that "the fluid-structure interaction is passive in the sense that

the small-amplitude motion of the structure does not significantly alter the exciting forces"

(Fahy, 1985). Hence, no flutter-like instability can occur.

The influence on the in vacuo mode shapes can normally be neglected, even in the case of

heavy loading like water (Fahy, 1985). However, the influence on the eigenfrequencies can

be substantial. It can be shown that the fluid loading is in some sense equivalent to an

additional mass coating on the panel. For the (to, n)th mode of a rectangular plate with

wave number kmn given by

kmn=^klm + kln , (4.36)

the effective mass per unit area for fluid loading on one side can be approximated
byTOe«-p-.(4.37)Thisvaluehastobemultipliedby2iftheplateisloadedonbothsides.Asaconsequence,Eq.(4.16)shouldbechangedtoor^=^^+4)fe.^Ln=fmn(l+-^-)(4-39)

phkmnJ
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Obviously the fluid loading has a stronger influence on the low frequency modes than on

the modes at higher frequencies, and it affects lighter plates more than heavier plates. For

a simply supported glass panel surrounded by air as in our case (cf. the parameters in

Tab. 5.2), the eigenfrequency of the (1,1) mode is lowered by 1.5%. Since this effect is

even smaller for the other modes, it can be neglected.

4.5 The Cavity

4.5.1 The Wave Equation

The pressure in the cavity is governed by the acoustical wave equation (Beranek and

Vér, 1992)

Ap-—p = 0
. (4.40)

c2

Possible sources would be on the right hand side. For the moment, however, we just focus

on the homogeneous equation. We make a similar Ansatz as for the plates

P=PtPxPyPz , (4.41)

which allows us to separate the variables

i
+
i

+
ä-l^

= 0. (4.42)
Px Py Pz C2 pt

For the individual functions we make the Ansatz

Pa = Aa sin kaa + Ba cos kaa
,

a = x,y, z
, (4.43)

and

pt = At sin ut + Bt cos ut . (4.44)

Inserting these functions in (4.42) leads to the relation

kl + k2y + k2z - ^ = 0
, (4.45)
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which is equivalent to

f = £ = ^k2* + k$ + k2°- ^

4.5.2 The Boundary Conditions

For small amplitude motions, a momentum balance at the boundary requires that the air

particle velocity v normal to a hard boundary surface is related to p through (Beranek and

Vér, 1992)

-'I = -i (4.47)
pan

In a rectangular cavity with rigid boundaries the movement of the boundaries is zero and

the normal directions coincide with the coordinate axes such that (4.47) can be simplified

to

dpa

da
= 0

,
a = x,y,z . (4.48)

a=0,la

Inserting (4.43) into (4.48) leads to the conditions for the parameters

ÏITT

Aa = 0
, ka = — ,

n e N0 . (4.49)

This then leads to the mode shapes

iiTX jiry kiTZ

Wyfc = PxtPyjPzk = Kljk cos cos -— cos -------

, (4.50)

where a, b, and d are the cavity dimensions in the x, y, and z directions. Acoustical modes

are also orthogonal over the cavity volume, i.e.

,

0 m
^
n

vmvndv={
^

, (4.5i)
v I Vn m = n

where Vn is denoted the mode normalization factor. If Ktjk is chosen as

*-*=U) (4-r,2)



4.5 The Cavity 65

where p is the number of nonzero indices, then

Vn =1 Vra
. (4.53)

The first natural frequency of a cavity that is completely enclosed by rigid walls is zero,

/o = 0, and is a uniform pressure mode (sometimes called Helmholtz mode) with

y aba

The Helmholtz mode is absent for cavities with open boundaries, e.g. open ducts.

As in the case of the plate, with each mode ^%3k a natural frequency fvk is associated

which follows from (4.46)

AHvGNO'+fê)'- <««

4.5.3 Modal Decomposition and Forcing Terms

As in the case of the panels we end up with a number of distinct mode shapes Wra and

natural frequencies fn which can be summed together to yield the solution

oo

p(x, y, z,t) = ^2 Pn{t)^n{x, y, z) . (4.56)
ra=l

For the same arguments as in the panel case (Subsec. 4.4.3), we can truncate this infinite

series to a finite sum, and determine Pn from the ordinary differential equation (Beranek

and Vér, 1992)

Pn + 26nPn + uj2nPn = P4-Fn{t) , (4.57)

where the damping term 2ônPn and the forcing term on the right hand side have been

added. The coefficient Vn is
givenby(4.51),andthemodalforceFn(t)byFn(t)=JQ*ndv-Jmnds.(4.58)



66 4 Modeling of Double Panels

Pr Fc

Fs/ PF

Figure 4.5: A speaker membrane can be modeled as a rigid body driven by a force Fs

generated by a DC-motor, and affected by the front pressure pp, the back pressure pr, and

the restoring force Fc from the resilient mounting of the membrane.

The first term describes the sources in the cavity and Q is the volume velocity of these

sources. The second one is due to the flexible walls and w is the acceleration of the

boundaries. Both terms can again be interpreted as projections on the nth cavity mode.

For our double panel, this equation will later allow to derive the effect of the speakers in

the cavity and the interaction of the panels and the cavity.

4.6 The Speakers In the Cavity

Since the speakers are radiating into a cavity where the cavity pressure strongly inter¬

acts with the speaker, they need special consideration. The standard results for speakers

radiating into a free field cannot be applied.

As can be seen from Fig. 4.5, for the membrane of a speaker the following equation of

motion holds (Beranek, 1954; Nelson and Elliott, 1995)

mcx = A(pR- pF) + Fs- Fc . (4.59)
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The meaning of the different quantities is given in Tab. 4.1. The underlying assumption are

mc mass of the speaker cone

A area of the cone/piston

PR pressure on rear side

Pf pressure on front side

Fs driving force from the voice coil

Fc force from the spring that keeps the cone in place

R resistor of amplifier and voice coil

L inductance of voice coil

h, h coupling factors

u voltage from amplifier

Table 4.1: Parameters of the speakers. Cf. also App. B.

that the pressure is constant over the entire area of the membrane and that the membrane

is stiff for the frequencies under consideration.

The restoring force Fc can be modeled as a spring, i.e.

Fc = kcx + ccx . (4.60)

Furthermore, the driving force Fs of the speaker is generated by a voice coil (Fig. 4.6), i.e.

where

L— = u — e — iR
dt

F = klt

(4.61)

(4.62)

and

e = k2x . (4.63)
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R L

Fs = kji
e = k2±

Figure 4.6: Model of the speaker's voice coil.

These equations can be collected into a system as

x

x

ai
dt

me

_cç_ ki

me me

A

me

0

'

L

A

me

R
'

L

X

X

0

Pr

Pf

0

0

L

U

(4.64)

A typical transfer function from input voltage to acceleration for a speaker without fluid

loading is depicted in Fig. 4.7 (cf. also Beranek (1954)). We can clearly recognize the roll-

off for low frequencies, the (possibly damped) mechanical resonance, a flat part which is

the frequency range of interest, and some roll-off at high frequency due to the inductance.

However, if the pressure on the front and rear side of the membrane are also taken into

account a more detailed consideration is necessary.

On the rear side, the membrane radiates into a relatively small cavity of approximately

(0.08, 0.08, 0.10) m. Because the first mode (0, 0,1) is at 2706 Hz, it is justified to consider

just the Helmholtz mode, i.e. the static pressure in the rear cavity. Hence,

PoVo =P\Vi = const
, (4.65)



4.6 The Speakers in the Cavity 69

10 10

frequency [Hz]

Figure 4.7: Typical transfer function from input voltage to acceleration for a speaker

without fluid loading.

furthermore

\\ = Vo + Ax
, (4.66)

and

Pi= Po+Pr (4.67)

From

PiVi = {po+Pr){Vq + Ax) = p0\ (4.68)

we get

Ax
PR = -P0

Vo + Ax
(4.69)

which can be linearized to

PoA , 2.

PR = -rrX + 0{X ) .

Vo
(4.70)
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This leads then to the system

x

x

ai
dt

kc

mcVo
.SO.

nie

SR.

0 k2
L

0 0

A Pf + 0

0
1

L

fcl

_R
L

X

X

(4.71)

u

where some damping Cr due to the cavity on the rear side was added. It is obvious

from (4.71) that the small cavity increases the lower resonance frequency of the speaker

(Beranek, 1954) from

(4.72)LÜ0
tc

mc

to

, 2 ,
P0A2

(4.73)
mcV0

A rough estimate shows that this frequency shift is quite substantial. If we use the data

for our speakers according to Tab. B.3 the resonance frequency is shifted from 94 Hz to

158 Hz.

To simplify the notation we will use the following symbols instead of (4.71)

xs = Asxs + BFpF + Bsu (4.74)

where the state vector xs is

xs =

x

x

i

(4.75)

The other symbols are defined analogously.
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The speakers and the cavity pressure interact. First we want to derive the effect of the

cavity pressure on the speakers. The pressure pp on the front side of a speaker located at

(xo,yo, zo) can be calculated from the vector of modal pressures in the cavity pc by

pF = CfoPc = ^i(x0,y0,z0) ... ^n(x0,y0,z0) Pc (4.76)

The underlying assumption is that the size of the speaker is small compared to the

wavelength of the mode shapes Wra and that the pressure is constant over the entire mem¬

brane.

The speakers are mounted on the boundary of the cavity (Fig. 3.4). Therefore they can

be viewed as a moving boundary. Hence the coupling of the speakers to the sound field in

the cavity can be calculated from (4.57) and the second term of (4.58)

K(t)= / xVn(x,y,z)dS & AxVn(x0,y0,zo) . (4.77)

Again the assumption is made that the speakers are small compared to the wavelength of

If we define

Ax = Csxs + CfPf

A kc
_

ppA2
mc mc Vo

A2

mc

Pf ,

CR fcl

mc mc XXandwrite(4.77)invectorformF(t)Vi(xs,ys,zs)^2{xS,ys,Zs)^n{xS)ys,zs)Ji-X—Lspq/î-Xj(4.78)(4.79)
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the speaker system can be put together as

4 Modeling of Double Panels

xs Asxs + BFCF0pc + Bsu

(4.80)

Fit) = CTF0Csxs + CTFQCFCF0pc

The numerical values of the individual speaker parameters can be calculated based on

Visatron (1999) and Beranek (1954), and are given in Tab. B.3 in App. B.

4.7 Coupling of the Panels and the Cavity

The panels and the cavity are not independent but their responses are to some extent

coupled. For the cavity, the vibrating panels are basically moving boundaries which excite

the instantaneous modal pressures according to the second term of (4.58),

Fn{t) = - / mnds .

If we write

we get

w Y^wm(t)$m(x,y) ,

(4.81)

(4.82)

[ mndS = ! Vti)m(i)$m*„(i5
Js Js

n

= J2 m(t) J $m*n dS = J2 Wm(t)S„

(4.83)

where

Smn= / $mVndS
"mn I * m * n '

IS

(4.84)

is the constant coupling factor between the mth panel mode and the nth cavity mode.

On the other hand, we see from (4.7) or (4.34) that the pressure in the cavity drives the

panels. Equation (4.35) can be written
asPm(t)=f$m(x,y)p(x,y,t)dF=!§>mJ^Pn{t)^ndF.

(4.85)
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and finally

Pm(t) = Yl Pn(t) f ^m^n dF = J] Pn(t)Smn , (4.86)
n n

where the Smn are the same coupling factors as in (4.84).

The pressure in the cavity is driving the panels and therefore the panels move. Due to this

movement the panel causes pressure changes in the surrounding fluid. Hence one could

think that the coupling between the panels and the cavity is not as simple as described

above. However, as pointed out in (Fahy, 1985) the pressure on a panel can be decomposed

in

p{x,y,t)=pu{x,y,t)+pT8id{x,y,t) , (4.87)

where pu(x, y, t) is the blocked pressure seen on a rigid plate andpTad(x, y, t) is the pressure

due to the movement of the plate itself and corresponds to the effect of fluid loading

discussed in Subsec. 4.4.4. Hence, calculating the
couplingasaboveandincorporatingthefluidloadingintothemodeloftheplatedynamicsdescribestheactualsituationwithoutanysimplifications.4.7.1CouplingFactorsforSimplySupportedPanelsIfthepanesaresimplysupportedthecouplingfactorscanbecalculatedanalytically^rnntjkI"ran^ijk^1^1'SrafbittxjTrykrrz/smkmxsmknxcos——cos——cos——ayax.10JO^XFyLZ(4.88)FromthiswegetTn3=i'\m(kny)cos(J-^)dy=Iwi°„"J(4.89)obn(l-(-l)n+i),Tc(n2—j2)'Ja'ittx\,Ium=%Tmi=Isin(fcTOx)cos)dx=<,(4.90)oUJ1^=^mm+lK}T((rn~—i~)

>
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Tl = cos

and

S,

kirz 1 1 z = 0

L* I (-If z = L,

mnijk -*-nj-*- mi-*- k

(4.91)

(4.92)

4.7.2 Coupling Factors for Clamped Panels

For clamped panes the coupling factors can also be calculated analytically. However, the

solution is quite involved and not given here. For practical purposes a direct numerical

integration is recommended.

4.8 The Sensors

If the microphones (pressure) are assumed to have no dynamics in the frequency range of

interest the voltage signal ymiCi of microphone i at position (xt, yt, zt) can be calculated via

N

l/mic, = 9rmCp{xt, yt, zt, t) ^ gmic Y2 Pk(t)^k(xt,yt, zt)
k=0

Qmic

^0(xt,yt,zt)

^N(xt,yt,zt)

Po(t)

PN(t)

Cmic(i, :)p

where gmiC is the gain of the microphones. Hence we get for / microphones
^micymic^0(xi,yi,zi)...^N(xi,yi,zi)^oix^y^zi)...*;v(zi,yi,2i)(4.93)(4.94)



4.9 Radiation from Plates 75

For accelerometer % on panel q = 1,2 at position (xt,yt), whose dynamics are neglected,

we get

|/acc = gaccy^Jwk^k{xl,yl)

= 9a

$o(xt,yt)

®M(xi,yi)

where wq is the vector of modal accelerations.

(4.95)

wq(t) = CaccJdq(t) ,

4.9 Radiation from Plates

As outlined in Fahy (1985), Elliott and Johnson (1993), Baumann et al. (1991), Thomas

and Nelson (1995), and Fuller et al. (1996, p. 236 and p. 272) the sound power radiated by

a vibrating structure can be calculated in two ways. Either one can attempt to solve the

Rayleigh integral, or a calculation via the wave number transform can be done. The first

approach will be sketched only, whereas the second one will be discussed in more detail,

because it leads to the derivation of a state space description of the radiation dynamics if

the system is of very low order.

4.9.1 Rayleigh Integral

The starting point is the Rayleigh integral, which allows to calculate the sound pressure

at the point r, given the movement of a plane vibrating surface (cf. Fuller et al. (1996),

Fahy (1985) and the references therein)p(r,t)=JUJ£0_2ttéLûtVn(rs)e-'kRRdS.(4.96)
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z k

Figure 4.8: Radiation from a plate. Visualization of the quantities of (4.96).

The quantity vn is the velocity of the vibrating structure normal to the surface, r is the

point in space where we want to calculate the sound pressure, rs is a point on the surface,

and R is the distance between the two, i.e.

R= !ir-rs! (4.97)

The quantities that enter (4.96) are illustrated in Fig. 4.8 for the special case of a vibrating

plate in an infinite baffle. Essentially the integral evaluates the sum of the fields of a

distribution of elemental sources (Fuller et al., 1996).

The sound power II radiated by the vibrating structure can then be calculated by integ¬

rating the acoustic intensity over a hemisphere H surrounding the plate

n dH
. (4.98)

Ih 2poCo

This approach is used in Thomas and Nelson (1995) to calculate the vibration dynamics,

i.e. the radiation matrix M (cf. Subsec. 4.9.2). The integration of (4.98) is done numerically

in the frequency domain at a given set of frequencies. For the factorization of the radiation

filter, the same techniques as pointed out at the end of Subsec. 4.9.2 are used.
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In Fuller et al. (1996) analytical approximations for the radiation of single modes are given.

However, due to cross-coupling these radiation efficiencies cannot be added together in the

case of multi-modal vibration.

4.9.2 Wavenumber Transform

This derivation of the radiation dynamics via the wavenumber transform follows closely

the work summarized in Fuller et al. (1996, p. 230) which is based to some extent on

Fahy (1985) and Elliott and Johnson (1993). The second part, the formulation of the

radiation filter in state space form follows Baumann et al. (1991) where this filter is used

as a weighting matrix in an LQG design for a plate.

Due to the central role these radiation dynamics play in the understanding of the entire

problem their derivation is given here in relatively great detail.

The wavenumber transform is the Fourier transform of the spatial coordinates. In the two

dimensional case this leads to the following definition

/oo
/»oo

/ f(x,y)e^x+kyyUxdy , (4.99)
oo J — oo

(4.100)
-1 f'OO f'OO

fix, y) = J^yj J nh» ky)e-^x+k^ dkx dky .

In the case of a periodic sound field where

p(x,y,z,t)=p(x,y,z)e-^t , (4.101)

the wave equation, which governs the sound pressure on the receiving roomside(Fulleretal.,1996),Ap--7P=0(4.102)canbereformulatedastheHelmholtzequation(A2+k2)p(x,y,z)=0,(4.103)
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where

fc2 = V (4.104)
cz

After applying the wave number transform to the Helmholtz equation (4.103) we get

k2 ~ kl - k2y + -^j P(kx,ky,z) = 0
, (4.105)

which has the solution (cf. Fuller et al. (1996) and the references therein)

P(kx,ky,z) = Ae-^z (4.106)

with the wavenumber kz given by

kz = Jk2-k2x-kl . (4.107)

Here A is an arbitrary constant.

For the fluid in the receiving room, the boundary condition (4.47) can be translated to the

frequency domain

jüjp0w(x,y) + dp{Xd^z) =0
, (4.108)

which can also be transformed

jup0W(kx, ky) + ^P(kx, ky, z) = 0 (4.109)

at z = 0. From this boundary condition the constant A in (4.106) can be determined.

Hence,

Plk.,k,,,) = u"**<k"k>)e-*"
. (4.110)

Kz

The sound pressure p(x, y, z) can now be calculated by applying the inverse Fourier trans¬

form

. upo r f°° W(kx,ky)e-^x+kyy+k^
P^X)V)Z^ =

JZkY / fc
dkxdky . (4.111)

By considering (4.107) and (4.110) some remarks canbemade:
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1. We can see that the sound field is decomposed into a sum of plane waves which

propagate in the positive ^-direction.

2. The kx and ky in the receiving room are the same as the kx and ky on the plate.

3. For (k%. + ky) < k2 the component kz is real and the waves actually propagate to

the far field. Wavenumbers satisfying this condition are called supersonic (Fuller

et al., 1996).

4. However, if (k^+k2) > k2 then kz is imaginary and (4.106) represents an exponentially

decaying solution which does not contribute to the sound radiated to the far field.

These wavenumber are called subsonic.

The names supersonic and subsonic are used because the condition {k2 + k2) < k2 is

equivalent to saying that

Cplate > C-room ; (^.iiZj

i.e. that the phase speed on the plate is faster than the phase speed in the room. Since

the phase speed on the plate increases with frequency whereas it is constant in the room

there is a cut-off frequency fc (Heckl and Müller, 1975)

at which cpiate = cr00m- We can state that the plate radiates efficiently at frequencies above

fc but less efficiently at lower frequencies.

The wavenumber transform can now be used to calculate the radiated sound power. Har¬

monic vibrations of a surface radiate the power

n= -$t
2

oo poo

p(x,y)w*(x,y)dxdy
OO J —oo

(4.114)

which is the integral over the surface of the time averaged normal acoustic
intensity(Fulleretal.,1996).Incalculatingthispowerthecomplexconjugateofoneofthe

quantities
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involved must be used to express the fact that only the phase difference but not the

absolute phase matters for the power calculation.

By applying Parseval's formula

p(x,y)w*(x,y)dxdy =
OO /»OO

OO J — OO

OO /»OO

we get

n = |**

OO J —OO

OO /»OO

OO J —OO

P(kx, ky)W*(kx, ky) dkxdky

Kz

(4.115)

(4.116)

As already pointed out above, only real wavenumbers kz contribute to the far field which

allows us to reduce (4.116) to

n =
^Po f f \W(kx,ky)\2

^2JJkl+kl<_^^/k2-kl-kî
(Jbhjx Ojf\jy (4.117)

As pointed out in Sec. 4.4, the movement of the plate can be approximated by a finite sum

of modal contributions

M N

w(x, y,t) = Y!Yl wmra(t)$mra(x, y)
m=\n=l

which can be written in vector form as

w(x,y,t) = wT(t)®{x,y) .

If we denote the wavenumber transform of $(x,y) with &(kx, ky) then

\W(kX, ky)\2 = \wT^(kX, ky)\2 = W*^*(kX, ky)®T(kX, ky)w

Inserting this result into Eq. (4.117) leads to

n = w'Mw

where the matrix M is given by

cjpo
M

8tt2
3?

00 r°° /f.*

00 j —00

^(kX,ky)^(kX,ky)

y/k2 -kl-kl
ClK'X vir^y

(4.118)

(4.119)

(4.120)

(4.121)

(4.122)
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Equation (4.121) expresses that in the case of harmonie excitation, where the velocity

distribution of a plate can be fully described by the complex vector w the radiated sound

power can be expressed by a quadratic form.

As can be seen from (4.122), M depends on u (indirectly via k). In addition, either directly

from (4.122) or indirectly from the fact that II represents power, some properties of M can

be inferred (Thomas and Nelson, 1995):

1. M is positive definite.

2. The matrix M is Hermitian, i.e.

Mt3(s) = M3t(-s) . (4.123)

For a simply supported plate made of 6 mm glass and of the same size as one of the panes

described in Ch. 3 the absolute values of the entries of M for eight modes are plotted in

Fig. 4.9. The diagonal elements are drawn in solid or dash-dotted lines and the off-diagonal

elements with dashed lines.

The cut-off frequency fc according to (4.113) is at 2099 Hz. It can be seen that all the

modes efficiently radiate above this frequency. For low frequencies, the odd-odd modes roll

off with 20 dB per decade, the odd-even and even-odd modes with 40 dB, and the even-even

modes with 60 dB per decade.

It is also important to note that all the diagonal terms give substantial contributions to the

radiation. Many off-diagonal elements of M, which describe the cross-coupling between

modes, are zero. Among the non-zero elements those between odd-odd modes radiate most

efficiently at low frequencies. For a more detailed explanation of these phenomena Heckl

and Müller (1975), Fahy (1985), and Fuller et al. (1996) are recommended.

We will see later that our frequency range of interest is around 80 Hz. There the radiation

is dominated by the odd modes and cross-coupling between odd-odd modes.
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frequency [Hz]

Figure 4.9: Absolute values of the entries of the radiation matrix M for the first 8 modes of a

simply supported plate. The numbers in the legend are the mode numbers, e.g. 13,31 is the

cross-coupling term of mode (1, 3) and mode (3,1). Note that above the cut-off frequency

fc = 2099 Hz all modes radiate efficiently and that the cross-coupling is relatively small.

At low frequency the radiation is less efficient.
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Two last remarks about M:

• In Elliott and Johnson (1993) and Fuller et al. (1996) the frequency dependence of

the radiation is investigated. The authors point out that for a certain frequency of

excitation it is possible to decompose M into

M = PTÜP
, (4.124)

where il is a diagonal matrix. This way a set of independently radiating velocity

distributions can be calculated. In Elliott and Johnson (1993) these velocity distri¬

butions, which depend on frequency, are termed radiation modes.

• In Johnson et al. (1997), Pan et al. (1997), and Gardonio et al. (1999) an attempt is

made to get a low order control system for a vibrating plate by designing a distributed

sensor that measures directly the mode that corresponds to the maximum singular

value of M.

4.9.3 Radiation Filter GR

Independently whether one calculates the sound power radiation via the Rayleigh integral

(Subsec. 4.9.1) or via the wavenumber transform (Subsec. 4.9.2), one ends up with an M(u)

which was calculated numerically at a given grid of frequencies. For the inclusion of M in

the overall model and also for controller design it would desirable to have a decomposition

of M like

M(oj) = G*r(üj)Gr(üj) . (4.125)

The filter Gr(u) has to fulfill some conditions. It must be stable, causal, and of low order.

It would be ideal to find a low order state space representation.

Three directions were explored to find such a decomposition:
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1. One could think of using a frequency domain identification algorithm designed for

identifying a transfer function from spectral data. However, all the "standard" fre¬

quency domain algorithms are for SISO systems only (Kollâr, 1995).

2. In Francis (1987) an algorithm for decomposing M given in state space according to

(4.125) is given. However, there is no straight forward algorithm for finding a state

space description given some frequency domain data (Kollâr, 1995).

3. The most viable solution is suggested in Baumann et al. (1991), where M is decom¬

posed pointwise to get Gr at every frequency.

About the third approach a few more details are of interest. There are, of course, infinitely

many decompositions of M and a priori there is no advantage of one over the other. In

Baumann et al. (1991) a Cholesky decomposition is suggested, which leads to smooth

entries for Gr. Finally, transfer functions are fitted to elements of Gr. So the result is a

matrix of transfer functions which approximates Gr.

Two remarks:

• Since a transfer function has to be fitted to every element of Gr the procedure is not

very efficient for systems with a large number of modes, even though it is applicable

in principle.

• The resulting Gr is not in state space form and therefore of relatively high order,

which is not very efficient for controller design.

In view of the difficulties encountered when attempting to decompose M, it was decided

to replace the radiation dynamics by a constant vector consisting of the volume velocity

of the second panel for the particular mode, or by a constant that was the decomposition

of M at 80 Hz, depending on the situation at hand.
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4.10 Excitation

The response of a structure to an incident sound wave is closely linked to its sound radiation

characteristics. This is a direct consequence of the principle of reciprocity (Fahy, 1985;

Beranek and Ver, 1992). It states the following: If we put the sound point source at

(x,y,z), and observe it at point (xo,yo,zo), we measure the same sound pressure as we

would at (x,y,z) if the sound source were at (xo,yo,zo).

To understand the excitation mechanism first the excitation by a plane wave is considered.

Then the excitation by a diffuse sound field will be looked at.

4.10.1 Excitation by Plane Waves

We will consider a panel in a rigid baffle which is assumed to be infinite for simplicity.

Furthermore, we assume that this panel is excited by a plane wave

p(r,t)=pe-j{kr)eJUJt (4.126)

with wave vector k as depicted in Fig. 4.10. Note that a window installed in a large wall

that is excited by one noise source which is at a large distance comes very close to this

assumed situation.

The wave vector k has the components

*^X ^y *^Z (4.127)

where kz > 0. The angle between the wave vector and the plate normal is designated a.

The angle between the projection of k on the xy-plane and the x-axis is called ß.

The force that actually drives the panel is the pressure distribution p(x,y,t) on the panel.

As pointed out in Fahy (1985), the pressure
onthepanelcanbedecomposedintotwopartsPtot(t)=Pbl(t)+Prad(t),(4-128)
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Figure 4.10: Excitation of a finite panel in a rigid baffle. The exciting plane wave is incident

with the wave vector k.
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where pu(t) is the blocked pressure of the reflected plane wave if the panel is assumed to

be rigid, and prad(t) is the part due to the movement of the panel. Since the second term

was already taken into account in the fluid loading discussion in Subsec. 4.4.4, we only

have to consider pu(t)-

It is relatively straightforward to see that

Pbi(t) = 2Pl{t) , (4.129)

i.e. the blocked pressure is twice the incident pressure of the plane wave that would occur

at the position of the panel without any obstacle in place. Hence, the blocked pressure is

Pbl(x,y,z = 0) = 2pe-j{k*x+k«y) . (4.130)

The coupling factor to the (m,n),th mode can be calculated similarly as in (4.35), i.e.

Fmn(kx,ky) = ^ =
-H- / $mn(x,y)e-j{M«y)dF . (4.131)

P Vmn JF

Note the similarity to the wave number transform of the mode shape &mn(x,y) used to

calculate the radiation. In Fig. 4.11 the coupling factors of two modes are plotted as

a function of the incidence direction. For the (1, l)-mode (and all other odd modes)

normal incidence results in the largest coupling. At higher frequencies, even slightly oblique

incidence results in small excitation. Forevenmodes,ontheotherhand,themaximumexcitationoccursforobliqueincidence,whereasnormalplanewaveshavenoeffect.TogetaroughideaofwhathappenswiththecouplingifthefrequencyincreasesonecouldinterpretFig.4.11asfollows.Thehigherthefrequency,themorethe/3-axisgetscompressedandthesmallerthemaximumangleofincidencethatstillexcitesthepanel.4.10.2ExcitationbyaDiffuseSoundFieldIfthenoiseonthesendingsideisgeneratedbymultiplesourcestheconceptofadiffusesoundfielddescribesthesituationmoreaccurately.Inadiffusesoundfieldplanewaves
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Figure 4.11: Absolute values of coupling factors Fmn for various angles of incidence (simply

supported plate). Top: (1, l)-mode. Bottom: (l,2)-mode. Left: u = 1000rad/s. Right:

u= 10000 rad/s.
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are incident from all directions with equal probability and random phase. Therefore, we

have to integrate Fmn from (4.131) over a half sphere surrounding the panel.

At a particular frequency we have

i*i = ^. (4.132)

The wave vector k can be parameterized by a and ß

k =

kx

ky

Kz

-\k\ cos a sin/3

-\k\ sin a sinß

\k\ cos/3

(4.133)

hence

KnnM =

fïï/2 l-K
(4.134)

\Fmn{—\k\ cos a sinß, —\k\ sinasin/3)| sinß dß da .

In general, Eq. (4.134) cannot be solved. A numerical integration for a certain u, however,

is relatively straightforward.

In Fig. 4.12 the total coupling factor Fmn(u) is given for the first eight modes of a glass

panel 717 x 1091 mm with thickness 6 mm and simply supported boundaries are plotted. At

low frequencies, the odd-odd modes are excited most. The odd-even and even-odd modes

excitation increases first with 20 dB per decade. After a maximum at about 500 Hz all the

coupling factors decrease with 40 dB per decade.

In the frequency range of interest at about 80 Hz, the excitation of the odd-odd modes is

substantially larger than the one of the other modes.

4.11 State Space Model

In the previous sections models for all initially defined subsystems were derived. Also the

coupling between the subsystems was discussed. For the analysis of the complete system
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frequency [Hz]

Figure 4.12: Total coupling factor Fmn(u) for a diffuse sound field. The coupling on the

first eight modes of a clamped panel are shown.
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it would be desirable to assemble everything into one single state space model.

First one has to recognize that the nth plate mode can be written in state space form by

reformulating (4.34) as (Meirovitch, 1990; Zhou et al., 1996)

Wr,

Wr,

0 1

-ul -2(nun

Wr,

Wn

0

Pn

Vn 0 Jn

Wr,

Wr,

(4.135)

In a similar way also the nth mode of the cavity can be written as a 2 x 2-system.

If we denominate the states of the subsystems according to Tab. 4.2 we can stack together

a state vector for the plates, the cavity, and the speakers to

x =
T T T -T

w{ w{ p p
T

wi
T J1)T J2)T

Wz xs X
s

(4.136)

The system matrices (A, B, C, D) in these coordinates are then

A =

-n\ -2A1q1 --i-vr1^ 0

ax a2 «3 Ü4

0 0 0 0

0 0 0

0 0 0

0 0
0(2)^(2)
DF °F0 0
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«5 «6

0 0

0 0

0 0

a7 a8

0 0

ni -2A2Q2 0 0

0 0
4(1)

0

0 0 0 Ai

(4.137)

Cli

a2

a3

= -pcH^Sfüj

= -2pc2Fp-15fA1Q1

= -fi2 _ j^.v-iSfV{-lS1
-

-£j-V-1SÏV2-lS2
P p\h\ p I I J-

p2li2 P 2 2 z

,„Jy-l ^(1)^(1)^,(1) , ^(2)^(2)^(2)^,

a4 == -2APQP

a5 == -fx?vv-is%ni

«6 == -2pc2Vp-lS^A2n

a7 == pc%-^FTc^

a8 == pc^cifcf

(4.138)
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B =

B,

0 0 0

'exc 0 0

0 0 0

0 0 0

0 0 0

0 0 0

0 B{1) 0

0 0 Bi

(4.139)

C

^rad

C

D

0 0 0

0 0 0

0 0 0

(4.140)

where the individual symbols can be seen in Tab. 4.3. The second row of the C-matrix

stands for the microphones in the cavity and can be calculated via

^mic — 0 0 Cmir 0 0 0 0 0 (4.141)

The third row stands for accelerometers on the panels. For an accelerometer on the first

panel this leads to

*^acc v*> •)

a, nf -2Ai^i —\rVilSl 0 0 0 0 0

(4.142)

and on the second panel

*^acc v^> •)

a, 0 0 -^f2-% o -ni 2AoQo 0 0

(4.143)

As pointed out before during the derivation, the reformulation of the excitation and radi¬

ation dynamics in state space form is hard if not impossible for large systems. Therefore
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w1 vector of modal amplitudes for

panel 1 (sending room side)

H

Wi vector of modal velocities for

panel 1 (sending room side)

[m/s]

w2 vector of modal amplitudes for

panel 2 (receiving room side)

H

w2 vector of modal velocities for

panel 2 (receiving room side)

[m/s]

V vector of modal pressure amp¬

litudes in the cavity

[Nm] = [kg/(sm2)]

V vector of modal pressure deriv¬

atives in the cavity

[Nm] = [kg/(s2m2)]

r(i) states of speaker 1

(2)
xs states of speaker 2

Table 4.2: Symbols for the states of the subsystems

the rather complex dynamics were approximated by the constant matrices Bexc and Crad,

whose value was determined from the radiation and excitation dynamics in the frequency

range of interest.

4.12 Conclusions

Under relatively weak assumptions models of the panels, the cavity, the speakers, and the

interaction between these subsystems can be derived from first principles. These subsys¬

tems can be combined into one single state space model of the double panel.

The excitation and radiation mechanisms are relatively well understood. However, there
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nt diagonal matrix of eigenfrequencies of panel «=1,2

K diagonal matrix of damping ratios of panel « = 1,2

np diagonal matrix of eigenfrequencies in cavity

AP diagonal matrix of damping ratios in cavity

st coupling matrix between cavity and panel «=1,2 according to

Sec. 4.7

K diagonal matrix of mode normalization factors for the modes of

panel « = 1,2 according to (4.21)

vp diagonal matrix of mode normalization factors for the cavity

modes according to (4.51)

rW r«
DF > °FQ>

matrices of the speaker dynamics «=1,2 according to Sec. 4.6

Table 4.3: Symbols used in the state space description (4.137) to (4.139)
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is no systematic way to derive state space descriptions for these dynamics. In the sequel,

simplified constant models were used where necessary.



Chapter 5

Validation and Analysis of the Model

Before the model developed in the previous section can be used for analysis, it must be

validated, especially if the model is as complex as the one described and if quantitative

conclusions are to be drawn.

After calculating the eigenfrequencies of the panels and the cavity, which are just given for

reference, the model is validated in several ways. First the model is excited with a large

speaker and the mode shapes are measured with a laser vibrometer. These measured mode

shapes are compared with those predicted from the model. Then also the resonances and

some transfer functions are compared. In all the cases the agreement is satisfactory, in

some cases even extraordinary.

To make sure that some agreement between the model and the measurement is not just

by accident, four different configurations were considered. The thickness of the second

panel and the spacing between the panels was varied. It was found that the model is also

able to predict these changes quite well. To simplify the denomination of the different

configurations the abbreviations from Tab. 5.1 will be used.

97
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Name Thickness

of panel 1

Thickness

of panel 2

Distance bet¬

ween panels

symmetric 6.0 mm 6.0 mm 84 mm

asymmetric 6.0 mm 3.2 mm 84 mm

symmetric wide 6.0 mm 6.0 mm 134 mm

asymmetric wide 6.0 mm 3.2 mm 134 mm

Table 5.1: Names of the different double panel configurations.

5.1 Eigenfrequencies of the Panels

As pointed out in Ch. 3, the experiments were performed with glass panels of 0.717 x

1.091m and either 6 mm or 3.2 mm thickness. Since the panels are mounted on wooden

sashes the area that can freely move is somewhat smaller, namely 0.667 x 1.044 m. The list

of all the panel parameters is given Tab. 5.2, a full list of all the parameters of the entire

double panel structure can be found in App. A.

All the parameters in Tab. 5.2 can either be measured directly or taken from tables, except

for the damping ratio (. To determine ( one of the 6 mm-panels was excited with an impulse

hammer and the vibration was recorded with an accelerometer. From the envelope of the

decaying vibration the damping ratio was determined (Julius et al., 2000). The underlying

assumption is that the damping is similar for all modes.

If we calculate the eigenfrequencies of the plate numerically with the parameters in Tab. 5.2

we get for a plate with thickness 6 mm the eigenfrequencies of Tab. 5.3. The calculation

was done using equations (4.16), (4.18), and (4.28). Note that for clamped boundaries the

panel behaves stiffer, i.e. there are only 11 eigenfrequencies smaller than 500 Hz compared

to 15 in the simply supported case.

Analogously, the eigenfrequencies of a 3.2mm-pane can be calculated (Tab. 5.4). Since
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a 1.044 H

b 0.667 [m]

h 0.0060 or 0.0032 [m]

E 6el0 [Pa]

V 0.25 [1]

P 2500 [kg/m3]

( 0.02 [1]

Table 5.2: Parameters of the panes.

this panel is less stiff and has less mass per area, the eigenfrequencies are lower. In the

simply supported case 31 eigenfrequencies and in the clamped case 24 eigenfrequencies can

be found below 500 Hz.

5.2 Eigenfrequencies of the Cavity

The exact parameters of the cavity between the panels are given in Tab. 5.5. Again,

except for the damping ô all the parameters can easily be measured. Since no simple test

to determine ô could be found it was set to some value taken from the literature (Beranek

and Vér, 1992).

The eigenfrequencies in Tab. 5.6 were calculated with (4.55). Note that the modal density

in the cavity is much lower. There are only seven eigenfrequencies below 500 Hz.



Jmn

[Hz]

^mn

[rad/s]

m n

43.6 273.8 1 1

81.5 511.8 2 1

136.4 857.0 1 2

144.6 908.6 3 1

174.3 1095.1 2 2

233.0 1464.1 4 1

237.4 1491.9 3 2

291.1 1829.1 1 3

325.8 2047.4 4 2

329.0 2067.2 2 3

346.7 2178.3 5 1

392.1 2463.9 3 3

439.5 2761.6 5 2

480.6 3019.4 4 3

485.6 3051.2 6 1

(a) Eigenfrequencies for

simply supported bound¬

ary conditions

5 Validation and Analysis of the Model

Jmn

[Hz]

^mn

[rad/s]

m n

98.8 620.6 1 1

149.1 936.6 2 1

222.0 1394.7 1 2

224.9 1412.8 3 1

272.3 1710.7 2 2

325.9 2047.7 4 1

348.1 2187.0 3 2

407.7 2561.5 1 3

449.1 2821.8 4 2

452.2 2841.2 5 1

458.0 2877.5 2 3

(b) Eigenfrequencies for

clamped boundary condi¬

tions

Table 5.3: Calculated eigenfrequencies of a pane with thickness 6 mm.
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Jmn

[Hz]

^mn

[rad/s]

m n

23 146 1 1

43 273 2 1

73 457 1 2

77 485 3 1

93 584 2 2

124 781 4 1

127 796 3 2

155 976 1 3

174 1092 4 2

175 1102 2 3

185 1162 5 1

209 1314 3 3

234 1473 5 2

256 1610 4 3

259 1627 6 1

271 1701 1 4

291 1828 2 4

309 1938 6 2

317 1991 5 3

325 2040 3 4

347 2178 7 1

372 2336 4 4

391 2457 6 3

396 2489 7 2

(a) Eigenfrequencies for

simply supported bound¬

ary conditions

Jmn

[Hz]

^mn

[rad/s]

m n

53 331 1 1

80 500 2 1

118 744 1 2

120 754 3 1

145 912 2 2

174 1092 4 1

186 1166 3 2

217 1366 1 3

240 1505 4 2

241 1515 5 1

244 1535 2 3

285 1789 3 3

307 1928 5 2

322 2023 6 1

339 2127 4 3

349 2196 1 4

376 2364 2 4

388 2436 6 2

(b) Eigenfrequencies for

clamped boundary condi¬

tions

Table 5.4: Calculated eigenfrequencies of a pane with thickness 3.2 mm.
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a 1.044 H

b 0.667 [m]

d 0.084 [m]

c 340 [m/s]

P 1.293 [kg/m3]

Ö 40 [1/s]

Table 5.5: Parameters of the cavity.

fijk

[Hz]

t^ijk

[rad/s]

% 3 k

0 0 0 0 0

162.8 1023.1 1 0 0

254.8 1601.4 0 1 0

302.4 1900.3 1 1 0

325.6 2046.2 2 0 0

413.5 2598.4 2 1 0

488.5 3069.4 3 0 0

Table 5.6: Calculated eigenfrequencies of the cavity

5.3 Validation with Laser Vibrometer

In a first series of experiments the double panel was excited with a large speaker in the

sending room and the vibrations of the second panel were measured with a laser vibrometer

(Polytec GmbH, 1998). Such a laser vibrometer allows to measure so-called operating

deflection shapes, i.e. the deflections of the surface at a certain frequency. If we measure

the operating deflection shapes at resonances, we get an idea of the mode shapes. To get

true mode shapes, these measured shapes have to be decoupled mathematically.
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A conclusion could be made from the comparison of the model with clamped boundary

conditions, the model with simply supported panels, and the measurements. It was seen

that the clamped model predicts eigenfrequencies for the coupled system which are sub¬

stantially too large, whereas the values from the simply supported model are very close to

the measurements. Therefore the simply supported model will be used as reference model

from here on.

It was also noted that many of the modes that can be observed on the second panel are

dominated by a single panel mode (Sas et al., 1995). For example, in Fig. 5.1 the mode

shape at 144 Hz of the symmetric configuration as measured with the laser vibrometer is

given. It is clearly dominated by the (3, l)-mode.

The prediction from the model is given in Fig. 5.2. Also here a mode that is dominated

by the (3, l)-mode is predicted at 144 Hz.

However, there are also some modes that differ substantially from what can be observed on

a simple panel. In Fig. 5.3 the mode shape measured at 88.1 Hz is given. It looks similar

to a (2, l)-mode, but the two peaks are in phase. Our model predicts a very similar mode

shape at 88.5 Hz (Fig. 5.4).

This good agreement of the measured mode shape and mode shape predicted from the

model not only occurred for this mode but also for the other modes. Furthermore, the fact

that this mode cannot be observed on a single panel confirms that in our model not only

the subsystems but also the coupling is correct.

Please note also that the boundaries of the measured modes are not straight even though

the grid points of the measurement are very close to the surrounding frame. This confirms

that the frame is not completely rigid (cf. also Subsec. 3.5.2).

The calculation of the mode shapes from the state space model is relatively straight forward.
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-0 5,

frame 5 frame 6
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Figure 5.1: Measured mode shape of panel 2 at 144 Hz. Symmetric configuration (6/84/6).

Six frames with 60° phase difference are plotted.
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frame 1 frame 2

05,

-0 5,

frame 3 frame 4

frame 5 frame 6

Figure 5.2: Mode shape of panel 2 at 144 Hz as predicted by the model. Symmetric

configuration (6/84/6). Six frames with 60° phase difference are plotted.
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frame 1 frame 2

frame 3 frame 4

frame 5 frame 6

-0 5

Figure 5.3: Measured mode shape of panel 2 at 88.1Hz. Asymmetric configuration

(6/84/3.2). Six frames with 60° phase difference are plotted.
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frame 1 frame 2

frame 3 frame 4

frame 5 frame 6

Figure 5.4: Mode shape of panel 2 at 88.5 Hz as predicted by the model,

configuration (6/84/3.2). Six frames with 60° phase difference are plotted.
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After decomposing the system matrix A into its eigenvalues and eigenvectors

A = TAT~l
, (5.1)

the coupled mode shapes can be found by adding up the simple mode shapes according to

the contribution in the complex eigenvectors.

Altogether, with a series of experiments where the exciting speaker was put in different

positions, several modes could be observed. In Tab. 5.7 the modes of the symmetric con¬

figuration together with the modes predicted by the model are given, and in Tab. 5.8 those

of the asymmetric configuration. The modes in Tab. 5.7 and Tab. 5.8 are named after the

dominating mode shape on the second panel.

During these experiments it was noticed that with normal incidence, mainly the odd modes

get excited. However, if the speaker is put to an oblique position, the even modes are

excited too. This finding confirms the model for the excitation derived in Sec. 4.10.

For the symmetric configuration in Tab. 5.7, there are often two eigenfrequencies given for

one particular mode shape of the second plate, e.g. for the (l,2)-mode at 131 Hz and at

136 Hz. Even though almost the same vibration can be observed on the second plate, the

first panel behaves completely differently, in one case it is out of phase with the second

panel and in one case it is in phase (Fig. 5.5). In the case of the asymmetric configuration

there are no such pairs but all the modes are distinct (Tab. 5.8). Therefore it can be

concluded that it is an effect due to symmetry.

For the asymmetric case, however, there is the effect that often only one of the panels

vibrates while the other shows only small vibrations. For both situations an example is

given in Fig. 5.6. For the symmetric case the amplitudes on both panels are always of the

same order of magnitude.
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Dominating mode

shape on panel 2

Predicted eigen-

frequency [Hz]

Measured eigen-

frequency [Hz]

(1,1) 44

(1,1) 75 74

(2,1) 75 75

(2,1) 81

(2,1) 120 128

(1,1) 123

(1,2) 131 127

(1,2) 136

(3,1) 144 144

(3,1) 145

(2,2) 170 168

(2,2) 174

(2,1) 176

(3,2) 232 230

(4,1) 233

(4,1) 234 234

(2,3) 330 317

(3,3) 394 383

Table 5.7: List of the coupled mode shapes and eigenfrequencies: symmetric co

6/84/6.
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Figure 5.5: A pair of modes from the symmetric configuration that has similar mode shapes

on both panels. In one case, however, the modes on the panels are in phase, in the other

one out of phase. The out-of-phase mode at the left is at 144 Hz and the in-phase mode

on the right at 145 Hz.

Figure 5.6: Modes from the asymmetric panel with substantially different vibration amp¬

litudes on the panels. The mode on the left occurs at 125 Hz. The vibration on the second

panel is dominated by the (3, 2)-mode. The mode at the right occurs at 134 Hz, and is

dominated by the (1, 2)-mode of the first panel.



5.3 Validation with Laser Vibrometer 111

Dominating mode

shape on panel 2

Predicted eigen-

frequency [Hz]

Measured eigen-

frequency [Hz]

(1,1) 36

(2,1) 41 43

(3,1) 69 69

(1,2) 71

(2,1) 78

(1,1)+ (3,1)* 89 89

(2,2) 91

(4,1)* 120

(4,1) 122 123

(1,1)* 123

(3,2) 125 125

(1,2)* 134

(1,3) 144

(1,3) 157 156

(2,3) 170 173

(4,2) 171

(4,2) 174

(5,1) 185 189

(2,3) 189 186

(3,3) 209 205

(5,2) 232 232

(1,4) 260 258

Table 5.8: List of the coupled mode shapes and eigenfrequencies: asymmetric configuration

6/84/3.2. The modes marked with * differ quite substantially from the indicated plate

mode.
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5.4 Validation by Comparing Transfer Functions

From the measurements with the laser vibrometer in the previous section we saw that

our model is able to predict what happens on the second panel. From the fact that it

accurately predicts coupled mode shapes it could be inferred that the behavior of the

first panel and the cavity is reasonably accurate. To verify this claim and also to check

whether the speaker and microphone models are correct, transfer functions from speakers

to microphones in the cavity were measured and compared with those derived from the

model. A speaker in the corner and a collocated microphone were chosen because in the

corners all cavity modes have a large amplitude and should therefore be easily controllable

and observable.

To avoid an accidental fit all the configurations from Tab. 5.1 were considered. Not only

the thickness of the second panel but also the interpanel spacing, i.e. the size of the cavity

itself was varied.

To measure the transfer functions, the speakers in the cavity were excited with band-limited

white noise. From the recorded time-domain signals transfer functions were calculated with

different parametric and non-parametric methods (Ljung, 1987; Ljung, 1991). Since all of

them returned very similar results only the Bode plot of a state space model derived by

means of subspace identification (van Overschee and Moor, 1996; Ljung, 1991) is given in

Fig. 5.7 together with the prediction from the model.

It is important to note that without any parameter fitting the lowest eigenfrequencies agree

quite well. The difference in gain is due to an unknown gain in the speaker model. Around

158 Hz, the resonance of the speakers, the phase decreases by 180°. In addition, the typical

±180° pattern from the alternating poles and zeros can be recognized in the phase plot,

which is typical for collocated transfer functions in mechanical systems.

If the distance between the panels is increased from 84 mm to 134 mm by inserting an addi-
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Figure 5.7: Transfer function from the speaker in the lower right corner to a collocated

microphone. Configuration: symmetric 6/84/6. Thin blue: identified transfer function.

Thick red: model.



114 5 Validation and Analysis of the Model
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Figure 5.8: Transfer function from the speaker in the lower right corner to a collocated

microphone. Configuration: asymmetric wide 6/134/6. Thin blue: identified transfer

function. Thick red: model.

tional wooden spacer, the transfer function depicted in Fig. 5.8 is measured and predicted

respectively. Both, the measurement and the model show the same trend. Namely the res¬

onances are lowered and and the gain is decreased. The decreasing gain can be explained

by the fact that the speakers now have to excite a larger volume and are therefore less

efficient.

It can also be noticed from Fig. 5.8 that the damping increased. To some extent this effect

can be explained by the wooden spacer which is not very rigid.

For the asymmetric configuration the prediction from the model is not quite as good as in

the symmetric case (cf. Fig. 5.9). However, the difference is mainly in the damping and

not in the eigenfrequencies. The somewhat larger disagreement at low frequencies is due to

the fact that the relatively small speakers excite the structure only poorly in this frequency
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Figure 5.9: Transfer function from the speaker in the lower right corner to a collocated

microphone. Configuration: asymmetric 6/84/3.2. Thin blue: identified transfer function.

Thick red: model.
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Figure 5.10: Transfer function from the speaker in the lower right corner to a collocated

microphone. Configuration: asymmetric wide 6/134/3.2. Thin blue: identified transfer

function. Thick red: model.

range which leads to a poor identification.

Increasing the distance has the same effects as in the symmetric case. Again, the eigen-

frequencies and the gain are lowered (Fig. 5.10). The model is able to predict the trends

correctly.

Finally, also the transfer function from the speaker in the corner to an accelerometer

on panel 1 was measured. The signal from the accelerometer was integrated using an

analog integrator so that the signal represents velocity. Also this transfer function shows

a remarkable agreement with the prediction from the model (Fig. 5.11).
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Figure 5.11: Transfer function from the speaker in the lower right corner to an accel-

erometer at (0.94 m, 0.56 m) on panel 1. Configuration: symmetric 6/84/6. Thin blue:

identified transfer function. Thick red: model.
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Figure 5.12: Comparison of different model orders for the transfer function from a speaker

in the corner to a collocated microphone in the same corner (symmetric configuration).

The modes of the subsystems up to 500 Hz, 1000 Hz, 1500 Hz, or 2000 Hz were considered.

5.5 Discussion of Model Order

As pointed out in the modeling section, all the subsystems were only modeled up to a

certain frequency uc by omitting the modes above this frequency. The influence of the

modes outside the frequency range of interest on the resonances in the frequency range of

interest is normally very small. But as pointed out in Moheimani (2000) the effect on the

zeros can be very large.

In Fig. 5.12 and Fig. 5.13 two nominal transfer functions are depicted for different model

orders. The subsystems were modeled up to 250 Hz, 500 Hz, 1000 Hz, or 2000 Hz respect-
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Figure 5.13: Comparison of different model orders for the transfer function from a speaker

in the corner to a non-collocated microphone in the opposite corner (symmetric config¬

uration). The modes of the subsystems up to 250 Hz, 500 Hz, 1000 Hz, or 2000 Hz were

considered.
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ively. The first figure shows a collocated transfer function from a speaker in a corner of the

cavity to a microphone in the same corner. The resonances do not change substantially

when the model order is increased. The zeros, however, depend strongly on the number of

modes considered and shift to lower frequencies when the model order is increased.

Since the non-collocated transfer function from a speaker in one corner to the microphone

in the opposite corner has no zeros, the changes in Fig. 5.13 are minor.

A good compromise for the frequency range of interest below 200 Hz is to consider the

modes up to 1000 Hz. There the zeros are quite accurately modeled and the model order

is still reasonable. Correction terms as in Moheimani (2000) were not included because no

further calculations were made where the zeros played an important role.

5.6 Influence of Panel-Spacing

In our experimental set-up the two panes are separated by a cavity of 84 mm. The con¬

struction was chosen in this way to simplify the installation of the speakers in the cavity

(Fig. 3.4). In typical double-glazed windows, however, the panes are only 15 to 20 mm

apart (Fig. 1.4).

As can be seen from (4.55), the distance d between the panes has no effect on the eigen-

frequencies of the (m, n, 0) modes, i.e. for all modes with wavenumber 0 in ^-direction.

Furthermore, mode (0, 0,1) is the first mode for which the distance in ^-direction matters.

Since

f -

C

fmi
2d

we get

(5.2)
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d [m] /qui [Hz]

0.084 2024

0.015 11'333

From this we can conclude that our system is structurally very similar to a system with a

smaller interpanel spacing. The small shift in the eigenfrequencies observed in Sec. 5.4 is

due to the weaker coupling (cf. Sec. 4.7) that occurs with a wider cavity.

One could even argue that a double panel with a smaller spacing is easier to control because

the mass-air-mass resonance is at a higher frequency which allows for a smaller speaker.

In addition, speakers are more efficient in a small cavity in general because less volume

velocity is needed to actuate the cavity to the same extent (cf. Eq. (4.58)).

5.7 Conclusions

The model derived in Ch. 4 is a good qualitative as well as quantitative description of the

double panel, since not only the mode shapes but also the more sensitive eigenfrequencies

can be predicted without any parameter fitting.

The agreement of the model and the measurement is not just accidental. The distance

between the panels and the thickness of the second panel was varied and the model was

able to predict the resulting changes.

It was also shown that the system under consideration is representative for commercial

double-glazed windows with smaller inter-panel spacing. The resonances of such a window

would be of the same order of magnitude as for the one studied here.
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Chapter 6

Optimization of the System

6.1 Overview

Before starting to design a controller one should investigate the properties of the system

at hand and, if possible, change the system such that it is suitable for controller design.

Vibro-acoustic systems offer a large number of parameters that can be changed to tailor the

system for control purposes. The following three areas of optimization can be distinguished:

1. The dynamics of the system can be changed by changing sizes, thicknesses, material

properties etc. These changes normally have a strong influence on the eigenfrequen-

cies, i.e. on the A-matrix in the case of a linear system.

2. The type and shape of the sensors and actuators can be optimized. For a double

panel one could think of speakers vs. piezos, and accelerometers vs. microphones.

3. The controllability and observability of the modes is normally closely tied to the

positions of the sensors and actuators (B- and C-matrix for linear systems). Since

these properties strongly influence the achievable performance the positioning needs

special consideration.

123
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A huge body of literature for the first and the third aspect can be found. Basically all

the passive methods fall into the first category, which have been studied for a long time.

The actuator and sensor positioning is also an issue for experimental modal analysis and

identification and has received much attention from this side. The number of publications

for the second problems is smaller because it came into focus only recently in connection

with active noise control methods.

This chapter is structured according to the above issues. Two smaller sections will address

the first two questions, a more extensive one will cover the actuator positioning.

6.2 Optimizing the Structure Dynamics

6.2.1 Literature

In some sense almost all passive methods fall into this category. Good overviews over

passive methods in general can be found in Beranek (1971), Beranek and Ver (1992), and

Handbook of Noise and Vibration Control (1979). The properties of double panels are

broadly discussed in Fahy (1985). In the sequel, some ideas are outlined.

One can change the system such that the disturbances cannot easily excite the system.

In the case of narrow band disturbances one can think of designing the system such that

the eigenfrequencies of the system do not coincide with the disturbance, to get a so-called

eigenfrequency mismatch.

In Resch (1998) and Resell et al. (1996), the eigenvalue spread of a composite plate is

changed by changing the fiber orientation of the laminae (Jones, 1975). This way the first

few eigenfrequencies are spread out over the frequency range of interest which simplifies

the control problem. This technique is then applied to reduce the noise radiated from

a trim panel of a plane fuselage. However, the eigenvalue spread plays a minor role if
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multiple sensors and actuators are used. In von Büren and Hagele (1999) a set of modes

was controlled by two actuators. Some of the modes were closely spaced, but the actuators

were positioned such that the modes were controlled alternatively by one or the other

actuator. By this procedure, a good eigenvalue spread for each actuator could be achieved.

In addition, the system became diagonally dominant which simplified the controller design.

However, it must be mentioned again here that all these passive methods cannot overcome

the problem of the mass-air-mass resonance, i.e. the significant dip in the transmission loss

at low frequency as explained in Sec. 1.3 and Fig. 1.4 respectively. Also the technique of

eigenvalue mismatch is not applicable to our problem because outdoor noise is broadband in

general. The approach suggested in Resell (1998) is not feasible for monolithic glass plates

either. The only parameters to be optimized are the thicknesses of the panels and the

distance in between. But indeed, as outlined in the following subsection, these parameters

can have a strong influence on the system properties.

6.2.2 Uncontrollable Modes

In the course of investigating different actuator strategies and positions it was noticed that

for the symmetric configuration some poorly controllable or almost uncontrollable modes

exist (Julius et al, 2000).

If we transform the model in state space form (Eq. (4.137) to (4.139)) into a diagonal form

such that

A = diag(Ai,A2,...,Aw) , (6.1)

i.e. such that it consists of N independent subsystems

x% = \%x% + btut
, (6.2)

the controllability Grammian (Zhou et al., 1996)

/»oo

Wc= / eAtBB*eAHdt
, (6.3)

Jo
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can be calculated mode by mode as

/»oo

WCi = / eA**6t6*eA**dt . (6.4)
Jo

The value of WCz is a good measure for the controllability of a certain mode and can easily

be calculated via

w- = "& ' (6"5)

under the assumption that the system is stable, which is the case for our double panel

structure.

If the Wc% for a speaker in a corner of the cavity are plotted on a logarithmic scale (base 10)

over frequency as in Fig. 6.1, one gets a visualization of the controllability of the modes.

For the symmetric configuration there are two groups of modes, namely those for which

the controllability is good and those for which the controllability is poor.

As explained in Sec. 5.3 and depicted in Fig. 5.5 there are modes where the panel move¬

ments are in phase and those where the panel movements are out of phase. A detailed

analysis (Julius et al., 2000) revealed that the poorly controllable modes are those where

the movements of the two panels are in phase. From Fig. 5.5 it is also intuitively clear that

the in-phase modes cause only small disturbances in the cavity and are therefore hard to

control with a speaker in the cavity.

Note that for other positions on the boundary of the cavity the controllability of the in-

phase modes stays poor. In addition, the controllability of some of the well controllable out-

of-phase modes may decrease too, but an in-phase mode never becomes well controllable.

Since the controllability of the modes with a microphone on the boundary is calculated in

a dual way, it is straight forward to see that the out of phase modes are not observable

either. So for good controllability and observability the two panels must not be of the same

thickness and quality.
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Figure 6.1: The controllability indices of the coupled modes, i.e. the WCi from (6.5), are

plotted in a logarithmic scale (base 10) as function of the eigenfrequency associated with

this mode. The actuator is a speaker in the corner of the cavity. For the asymmet¬

ric configuration (bottom) all the modes are well controllable whereas for the symmetric

configuration (top) there are two sets, one is well controllable, the other one is poorly

controllable. The poorly controllable modes are the in-phase modes of Fig. 5.5
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6.3 Optimizing the Type and Shape of Actuators and

Sensors

6.3.1 Literature on Speakers vs. Vibrational Sources

In vibro-acoustic systems one could think of using acoustic or vibrational sources, and

acoustic or vibration sensors. A priori one is not superior over the other. In De Fonseca

et al. (1997) and De Fonseca et al. (1998) a feedforward controller is applied to a double

wall fuselage section. The speakers perform better because of the smaller modal density1

in the acoustic cavity than on the structure. Even though a similar result was also found

in Bao and Pan (1997) and Pan and Bao (1998), the difference is not inherent in the type

of actuator.

6.3.2 Choice of the Sensors and Actuators for Our System

For a double glazed window one could think of using piezo patches on the windows. Pre¬

liminary results in Wernli (2001) show that piezos can indeed actuate the heavy panes

sufficiently. However, since these patches interfere substantially with the primal function

of the window, namely to look through, they were not considered an option, and it was

decided to use speakers placed on the boundary of the cavity as actuators. They can easily

be hidden in the frame of the window.

Of course, one could also think of using electrostrictive actuators or shape memory alloys.

But despite their capacity to dissipate energy (Thomas et al., 1995) these actuators are

not yet sufficiently mature for applications - not to mention that they would also obstruct

the view.

1The modal density is the average number of modes per unit angular frequency (Nelson and Elliott,

1995) The control task is easier, if the modal density is smaller
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Also vibration sensors (e.g. accelerometers), even though they are much smaller than the

actuators, would obstruct the view if placed somewhere in the middle of the pane. Therefore

the choice of the control sensors fell on microphones positioned on the boundary of the

cavity.

6.3.3 Literature on the Shape of the Actuators

Also the shape of the actuator can be exploited to simplify the control task. In Pan et al.

(1997), Gardonio et al. (1999), and Fuller et al. (1996) PVDF (polyvinylidenefluoride) piezo

film is shaped and bonded to a structure such that it detects those modes particularly well

which are responsible for sound transmission. Analogously, they design an actuator that

actuates only these modes. The eventual goal of these activities is to find a volume velocity2

sensor and volume velocity actuator to design a low order SISO control system.

In Clark (1999) it is pointed out that the size of the piezo patch should match the wave

length we want to control, e.g. if we want to control the first mode, we better pick a large

transducer that does not couple to the higher modes. Furthermore, since most piezo patches

have a rectangular shape the orientation of the patch can play a role as well (von Büren

and Hagele, 1999).

The optimization of the speakers on the other hand, is rarely considered in publications

about active noise control. In general, they are just assumed to be sufficiently large and

powerful for the problem at hand. In active windows, however, the choice of the speakers

offers some potential for optimization (Subsec. 6.3.4).

2As pointed out in Fuller et al (1996) the volume velocity of a structure is often a good approximation

for the radiated sound
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6.3.4 Speaker Matching

In a double panel structure the main interest lies on controlling the mass-air-mass reson¬

ance. Therefore it would be desirable to choose a speaker whose resonance comes to lie

close to this frequency (cf. Subsec. 4.6). This way the speaker would be most efficient in

the frequency range of interest.

The mass-air-mass resonance of our panel is at approximately 80 Hz. The speakers' res¬

onance is at 94 Hz in free air and at 158 Hz if mounted (cf. App. B and Sec. 4.6). In a

redesign one should choose speakers with a lower resonance frequency. However, since a

lower resonance frequency normally means a larger speaker, this design recommendation

might be difficult to implement in practice.

6.4 Sensor and Actuator Positioning

In general, vibro-acoustic systems are distributed parameter systems and hence offer an

infinite number of possible sensors and actuator locations. The positioning of the sensor

and actuators, however, plays a crucial role for the control of such systems. For example,

it is obvious that the observability of a certain mode is lost if the sensor is placed on a

nodal line of this mode.

There exists a vast body of literature about placement of sensors and actuators in general

and for vibrating systems in particular. A rather large number of papers starts from an

identification or feedforward control problem. There are fewer publications for the case

of feedback control. An excellent overview over different methods to optimize sensor and

actuator positions for feedback is given in van de Wal (1998). This introduction recasts

some of the ideas given there.

The problem of sensor and actuator selection can be formulated as optimizing the positions
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of the actuators p\ and the positions of the sensors p2 such that the system

x = Ax + B{'pi)u
(6.6)

y = C{p2)x

is in some sense optimal. One then needs to formulate a cost function and find a strategy

to optimize this cost function over p\ and p2-

6.4.1 Cost Functions

In van de Wal (1998) the attempt is made to select the sensors and actuators in the

presence of uncertainty. The cost function is the achievable 7 (Zhou et al., 1996). However,

all the schemes suggested are computationally very expensive due to the con-convexity of

calculating controllers for structured ß and therefore not applicable to a vibrational system

with its large number of inputs and outputs.

In De Fonseca et al. (1997), De Fonseca et al. (1998), and Simpson and Hansen (1996)

the performance of a feedforward controller in dB as predicted by some model is used as

cost function. Since this functional is a non-convex function of the actuator positions,

a genetic algorithm is used to optimize it. In Sadri et al. (1999) a similar approach is

taken to optimize the actuator positions for a feedback controller. In all these cases the

computational burden is quite large.

Simpler and computationally less expensive criteria (cf. Clark (1999), van de Wal (1998)

and the references therein) are e.g.

• optimization for minimum phase,

• optimization of controllability,

• optimization of observability,
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• minimization of the spillover.

For example, in a stochastic framework (van de Wal, 1998) some measure of observability

of the system

x = Ax + B2u + v

(6.7)

y = C2x + w ,

where the signals v and w are Gaussian signals with zero mean and covariance matrices Q

and R respectively, can be optimized by considering the Kaiman filter gain

K = -PCTR-X
, (6.8)

where P is the solution of the Riccati equation

PAT + AP - PC^R-lC2P + Q = 0
. (6.9)

The symmetric positive definite matrix P can be interpreted as covariance matrix of the

estimation error. Minimizing a metric of this matrix might hence minimize the estimation

error.

In other cases (van de Wal, 1998; Zhou et al., 1996) the observability Grammian

W0(t) = [ eA*TC*C2eATdT . (6.10)
Jo

is considered to derive a reasonable cost function. For good observability W0 should not

only be non-singular but also well-conditioned. Based on the eigenvalues of W0 cost func¬

tions can be defined.

These Grammian approaches are particularly popular for vibrational systems because of

the connections between the modal and the balanced realization pointed out in Gawronski

(1997). Let Wc denote the controllability Grammian and W0 the observability Grammian.

The system is balanced if

WC = W0 = V
,

r = diag(7l,...,7A0 , %>0 ,
i = l,...,N , (6.11)
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where the positive variable % is the zth Hankel singular value of the system, and N = 2n

is the number of states.

The controllability and observability Grammian of the modal representation are diagonally

dominant, i.e.

Wc « diag(wcJ2) , W0 « diag(w0J2) , (6.12)

where wcl are given by
|| r> 112 \\fi 112

wcl = —-— , wm
= ——

. (6.13)
4<twt 4<twt

The positive scalars ||-Bî||2 and \\Ct\\2 are defined as the input and the output gains of

the zth mode, and ||X||2 is the Euclidean norm of X. The zth Hankel singular value % is

approximately a geometric mean of the zth Grammian entries, % = ^/wclwot, i.e.

II Dil \\f< II

7» = 77 •
6.14

This means that if a system is in modal form one can simply look at the entries of the B

and C matrices to check the observability and controllability.

In Williams and Cheng (1999) these ideas are refined for the case of closely spaced modes.

In Clark (1999) an interesting extension for feedback is given. The modes in the frequency

range of interest
enterthecostfunctionwithapositivesign,whereasthemodesinsomebandrightabovethisfrequencyrangeenterwithanegativesign.Thiswaythesensorsandactuatorsgetplacedatpositionswherethemodesabovethefrequencyrangeofinterestarepoorlycontrollable,whichminimizesthespillovertohigherordermodes(Doyleetal.,1992;Zhouetal.,1996).6.4.2OptimizationStrategiesAsalreadymentioned,geneticalgorithmsareonepromisingtechniquetouseforthenon-convex,computationallyexpensivecostfunctionswhichdirectlyquantifythecontrollerperformance.
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Two interesting optimization strategies are suggested in van de Wal (1998) and Ruckman

and Fuller (1995).

• For the subset approach, one first checks whether the control goal is achieved if all

the I/Os are used. Then one checks the achievable performance of some subsets of

all the I/Os. If the control goal is achieved, the subsets of this subset are checked,

if not then this branch is given up since no smaller subset will have a satisfactory

performance.

• In the superset approach, the empty I/O set is checked first and only those larger I/O

sets are checked which add inputs and/or outputs to smaller, non viable I/O sets.

This procedure is repeated until the control goal is achieved.

Both strategies can be used to reduce the number of input combinations that have to be

checked if the cost function is computationally expensive.

If the cost function is based on Grammian approaches, however, it is normally so easy to

evaluate that a simple optimization by enumeration is feasible even for vibrational systems

(Julius et al., 2000).

6.4.3 Experimental Approach

A purely experimental approach is taken in Jakob and Moser (1999) to optimize the speaker

positions for a double glazed window similar to the one discussed here.

The authors conclude from their feedforward experiments with speakers at various locations

that the position of the actuators does not really matter as long as only the mass-air-mass

resonance is considered. For a larger frequency range where also the (l,0,0)-mode of

the cavity plays a role, a position on the side might be superior because from there the

(1,0, 0)-mode is better controllable.
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Unfortunately, a generalization of these results is quite hard because the exact position on

the side is not discussed. It may matter where on the side the speakers are mounted.

6.4.4 Optimization of the Sensor and Actuator Positions in Our

Case

Due to the large number of possible sensor and actuator locations it was decided to use a

simpler but easily computable cost function for our system, i.e. to optimize for minimum

phase, controllability, observability, and small spillover based on a Grammian approach.

A minimum phase system can easily be achieved by collocating the sensors and actuators.

In this case, a pair of zeros is located between two pairs of poles, which makes the phase

remain in the interval [-90°, +90°].

In addition, it is quite straightforward to see from the arguments in Ch. 4 that the vectors

in the B and CT matrices are collinear if the microphones and speakers are at the same

place and the speaker dynamics are omitted (Julius et al., 2000). The location where a

mode is well controllable is the same where it is well observable. It is therefore sufficient to

optimize the speaker positions for controllability and collocate the sensors to get optimal

observability. Not collocating the microphones and speakers would mean that the position

of one or the other is suboptimal.

For the optimization of the speaker locations we have to restrict ourself to some frequency

range. From the measurement of the spectrum of the transmitted noise in Fig. 3.7 the

ranges in Tab. 6.1 were defined. The controllability of the modes in these frequency ranges

should be maximized.

For each range a band with width 100 Hz and starting right above the frequency range of

interest was defined. These bands are the spillover prevention bands. The controllability

of the modes in these bands should be minimized (Clark, 1999).
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Symmetric Asymmetric

Range I 40 - 100 Hz 40 - 120 Hz

Range II 40 - 200 Hz 40 - 200 Hz

Range III 40 - 320 Hz -

Table 6.1: The frequency ranges of interest defined for the optimization.
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Figure 6.2: The 28 candidate locations for the speakers and microphones on the boundary

of the cavity. Two candidate locations are approximately 0.13 m apart.

As discussed in Sec. 6.3 we want to position the speakers on the boundary of the cavity.

From Sec. 5.6 we know that the (0, 0, l)-mode lies substantially above the frequency ranges

of interest and therefore the ^-direction can be neglected. Given also the dimensions

of the speakers and the wavelengths of the modes considered it is sufficient to consider

28 candidate locations as depicted in Fig. 6.2. The grid points are approximately 0.13 m

apart.

For the optimization and the calculations the validated first principle model derived in

Ch. 4 was used. The dynamics of the speakers, however, were omitted. The cost function
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was calculated by transforming the system into diagonal form according to (6.1) and (6.2),

and by calculating the controllability of the individual modes using (6.5). Since we had

decided to use two speakers the controllability for mode % is the sum of the controllability

with one of the speakers alone

Wg?al = wg + W£ . (6.15)

The actual cost function J, is calculated by summing the weighted controllability of the

individual modes

J = Y,f*W%*> (6-16)

where the weight factors f% are

/.

r% a
,

if mode % is in the frequency range of interest,

—r% ,
if mode i is in the spillover prevention range, (6.17)

0
,

if mode % is above the spillover prevention range.

The weight factor r\ quantifies the radiation efficiency of mode i. For simplicity, the volume

velocity of the second panel was used. The factor a was varied from 1 to 2 to put more

emphasis on the controllability in the frequency range of interest or on the punishment in

the spillover prevention band.

If this cost function is evaluated for all the

(6.18)

possible actuator positions3 the optimal locations as given in Tab. 6.2 are found.

An intuitive interpretation of the results is relatively straightforward. For the largest

frequency range (range III), the optimal speaker positions are in the corners because there

all the modes can be controlled. Since the number of modes is quite large, the controllability

3The number of relevant actuator configurations could be reduced further by excluding symmetrical

configurations However, this was not necessary because the cost function is so cheap to compute
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a Symmetric Asymmetric

Range I + 1 5 & 25 12 & 18

+2 5 & 25 12 & 18

Range II + 1 12 & 18 12 & 18

+2 12 & 18 10 & 20

Range III + 1 9 & 21 -

+2 9 & 21 -

Table 6.2: Optimal actuator locations.

prevails and the spillover prevention has no effect. That is also the reason why the result

is insensitive to a.

In range II, the optimal positions are in the middle of the left and right boundary. In

this location the modes that involve a large contribution from the (0,1, 0) cavity mode are

poorly controllable, whereas those that couple via the (0, 0, 0) or the (1, 0, 0) mode can still

be easily controlled. From the list of the cavity modes in Tab. 5.6 it can be concluded that

the modes in the spillover prevention band include a large contribution of the (0,1,0) cavity

mode which makes the position on the side superior. If a is increased to 2, there is more

emphasis on the control than on the spillover prevention. In the case of the asymmetric

configuration this leads to a shift of the optimal positions towards the corners, where all

the modes are well controllable.

If the smallest frequency range (range I) is considered, the optimal speaker locations for

the symmetric configuration are in the middle of the top and bottom boundary. This

can be explained with a similar argument as before. Several modes that couple via the

(1,0,0) mode come to lie in the spillover prevention band which makes the top and bottom

position superior over the positions in the corners. For the symmetric configuration, where

the modes tend to be at lower frequencies in general, range I contains also several modes

that couple via the (0,1,0). Therefore the positions on the side are superior.
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Figure 6.3: Controllability Grammians of the symmetric configuration if the speakers are

at the optimal locations. It can be noted that some modes in the frequency range of interest

get poorly controllable if the speakers are moved to TB or LR. Apparently these modes

are poorly radiating sound and therefore enter the cost function with a small weight only.

The controllability Grammians for the different configurations are depicted in Fig. 6.3 and

Fig. 6.4. To simplify the notation the abbreviations in Tab. 6.3 are used for the different

speaker configurations.

It is important to note that the controllability of some modes in the frequency range of

interest decreases if the speakers are moved to TB or LR. These modes are apparently poor

radiators and therefore do not affect the cost function very much. An explanation for this

can be derived from the simple picture in Fig. 6.5. For example, the (2,1) mode of the

second panel is a poor sound radiator in the frequency range of interest and it is therefore

not necessary to control the coupled modes which are dominated by the (2,1) mode. From
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Figure 6.4: Controllability Grammians of the asymmetric configuration if the speakers

are at the optimal locations. It can be noted that some modes in the frequency range of

interest get poorly controllable if the speakers are moved to LR. Apparently these modes

are poorly radiating sound and therefore enter the cost function with a small weight only.

abbreviation full name locations

CC corners 1 & 15

TB top-bottom 5 & 25

LR left-right 12 & 18

Table 6.3: Abbreviations for the optimal actuator locations.



6.5 Conclusions

-0 2 0 02 04 06 08 1 12

x[m]

Figure 6.5: Cross-section through the double panel structure. From this simple figure one

can see that the (2,1) mode of a panel couples particularly well to the (1, 0, 0) mode of the

cavity.

Fig. 6.5 it is easy to see that the (2,1) mode couples particularly well to the (1, 0, 0) mode

of the cavity. This mode however is uncontrollable if the speakers are at TB.

6.5 Conclusions

If one builds an active control system for a double-glazed window one should optimize the

following system properties:

1. The panels must not be of the same dimension and quality. Symmetric panes lead

to modes that are uncontrollable and unobservable in the cavity.

2. If the focus is on the low frequency range around the mass-air-mass resonance one

should choose the resonance of the speakers such that it coincides with the mass-air-

mass resonance to get optimal efficiency.
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3. Since the locations in the cavity with optimal controllability coincide with the loca¬

tions with optimal observability the sensors and actuators should be collocated.

4. To put the speakers in the corners is a good engineering decision. It is optimal

if a relatively large frequency range is considered. For smaller frequency ranges

speaker positions on the side are superior, where some poorly radiating modes are

uncontrollable.

No speakers were at disposition that had a small enough resonance frequency to optimize

property 2. The other aspects, however, were accounted for by changing the initial set¬

up. At the beginning, speakers and microphones were mounted in the corners only. To

verify the findings of this chapter four additional speakers and microphones were mounted

at TB and LR. For technical reasons the cavity behind these speakers had to be chosen

somewhat smaller than in the corners. Still the lower cut-off frequency is of the same order

of magnitude so that the experimental comparison is fair.



Chapter 7

Feedforward Control

7.1 Motivation

As stated in the introductory Ch. 1 our eventual goal is to build a feedback controller that

increases the transmission loss of a double glazed window. For the reasons outlined in

Ch. 1, a feedforward approach is not practical here.

However, since most of the successful applications presented in Elliott and Hamada (1995),

Elliott and Horvâth (1997), and Douglas (1999) are feedforward applications, for our double

panel a series of LMS-based feedforward controllers was designed and implemented as well.

The objectives for implementing these controllers were the following:

• They can be used as a bound on the achievable performance. If we know the reduction

from the feedforward controller we know what to expect from the feedback controller.

• We can compare our system to other double panel structures (De Fonseca et al.,

1996; Bao and Pan, 1997; Sas et al., 1995; Carneal and Fuller, 1995; Jakob and

Moser, 1999).

143
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Figure 7.1: LMS-scheme.

• We might get some additional insight from these controllers. Since they are relatively

easy to design we know that a good or bad performance is due to good or bad system

properties (e.g. speaker locations) and not to good or bad controller design.

7.2 Background Information and Literature

In its simplest version the LMS-algorithm can be used to estimate transfer functions as

depicted in Fig. 7.1. If the filter W is chosen to be a finite impulse response (FIR) filter

with the vector of coefficients h, and the update law is

h(n + 1) = h(n) + ae(n)u(n) (7.1)

then W converges towards G. For the derivation of (7.1) and its properties Widrow and

Stearns (1985), Nelson and Elliott (1995), Fuller et al. (1996), and Kuo and Morgan (1996)

can be consulted. Basically, it is a simple gradient procedure based on the squared error

||e||2. However, it is the algorithm's simplicity and robustness (Guo et al., 1997) which

make it so popular.

If we want to build an active feedforward controller the situation is often as depicted in

Fig. 7.2. Some reference signal x that is correlated with the disturbance passes an adaptive

filter W which drives some actuators. The adaptation law then is

h(n + 1) = h(n) — ae(n)r(n) (7.2)
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Figure 7.2: xLMS-scheme as it can be used to build active feedforward controllers.

where

r = Cx (7.3)

For the derivation of this update-law the assumption is made that th adaptation is much

slower than the dynamics of th system. Then the order of W and C can be changed to get

a similar situation as in Fig. 7.1. The step from (7.1) to (7.2) and (7.3) is now relatively

straightforward. The same references as for the LMS-algorithm can be consulted for the

details.

The convergence is assured under the relatively mild condition that the convergence rate is

much slower than the system dynamics, but it is often quite slow. It can be accelerated by

employing other filter adaptation methods (modified LMS, RLS, lattice filters) (Kuo and

Morgan, 1996), processing frequency-domain data (von Grünigen et al., 1995), or using

other filter structures (IIR filters, hybrid feedforward and feedback systems (Adachi and

Sano, 1996)).

Furthermore, recent results have improved the theoretical understanding of the LMS al¬

gorithm (Hassibi et al., 1996; Guo et al., 1997). Also extensions to the xLMS-algorithm

with sounder stability proofs have been suggested, normally at the expense of convergence

speed. Zhang (1999) gives a good overview over these extensions and derives a more robust

algorithm based on a Lyapunov proof (Zhang et al., 1999).

In Jiang et al. (1997) controllers based on adaptive control methods (Astrom and Witten-

mark, 1995) are derived. However, the system considered is extremely well damped and
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Figure 7.3: The system has two sets of inputs, the disturbances w and the control inputs u,

and two sets of outputs, the internal microphones y and the microphones in the receiving

room z (left). This corresponds to a four block model as depicted on the right hand side.

the extension to systems with less damping and more parameters may cause problems.

Feedforward systems designed with robust control tools are reported too (Nonami et al.,

1996; Kaiser et al., 1996; Kaiser et al., 1998). However, only in rare cases a performance

comparable to LMS-based systems can be achieved (Kaiser et al., 1998).

7.3 Formulation of the Control Problem

The eventual goal is to increase the transmission loss of the double panel structure, which is

equivalent to minimizing the (weighted) transfer function from w to z in Fig. 7.3. Basically

we want to minimize

min \\T7,,
w

(7.4)

over some controller W. If we assume that we can measure the disturbance w we can build

feedforward controllers as depicted in Fig. 7.4. Two set-ups are possible. The adaptation

can be based on the receiving room microphones z or the microphones in the cavity y. We

call the first situation controller 1 and the second controller 2.
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Figure 7.4: Possible feedforward controllers. The adaptation can be based on the receiving

room microphones z (controller 1, top) or the microphones in the cavity y (controller 2,

bottom).

For the first set-up we assume that not only the disturbance w but also the quantity of

interest, the noise in the receiving room z, can directly be measured. The performance from

this controller will give an upper-bound for the performance achievable with a feedback

controller.

The second arrangement that uses the microphones in the cavity as error microphones

gives a hint how successful a simple feedback controller can be that just suppresses the

pressure in the cavity.

To evaluate the performance always the receiving room microphones z were used. Natur¬

ally, one expects that the first scheme leads to a better performance, because in the case of

controller 1 modal suppression and modal rearrangement are possible control mechanisms,

whereas for controller 2 only modal suppression is possible.
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7.4 Implementation of the Controller

The feedforward controllers were implemented using the PC-based real-time system in¬

troduced in Ch. 3. The sampling rate was set to Fs = 2000 Hz. All the analog signals

from the microphones were passed through anti-aliasing filters before being converted to

digital. A sixth order Butterworth filter with cut-off frequency fc = 500 Hz was used for

this purpose.

Since our plant has a very large bandwidth, the signals going to the speakers had to be

passed through reconstruction filters. Also here sixth order Butterworth filters with cut-off

frequency fc = 500 Hz were used.

It was mentioned before that one of the reasons for implementing these feedforward con¬

trollers was to get a performance bound. This only makes sense if we really build good

feedforward controllers. Therefore the question arises whether a simple xLMS-algorithm is

sufficient or whether we should include some of the extensions outlined in Sec. 7.2. How¬

ever, since almost all these extensions either affect the convergence speed or the stability

but not the convergence itself - two aspects we do not really care about at this point -,

it is adequate to implement the xLMS-algorithm only and to just wait long enough until

the performance does no longer improve. It was found that 20 s were enough to assure

convergence of the controller. In no case, stability problems were encountered.

Before starting the adaptive controller it is necessary to identify the transfer functions from

the control speakers to the error microphones - Gzu in the case of controller 1 and Gyu for

controller 2. A model of this transfer function is needed for the update of the adaptive filter

(cf. Eq. (7.3)). The identification was performed using the LMS-algorithm as depicted in

Fig. 7.1. After a preliminary correlation analysis which gave an impulse response estimate

(Ljung, 1987; Ljung, 1991) it was found that filters with 150 taps were sufficient and that

they converged within 30 s.



7.5 Results 149

For the controller various filter length were tried. Extending it over 300 taps did not

improve the performance. So this length was chosen eventually.

Also the excitation was varied to see whether it affected performance. Since this was not

the case, band-limited white noise was used for the experiments.

7.5 Results

7.5.1 Symmetric Panel

First, three feedforward controllers - one for each controller pair CG, LR, and TB - were

implemented for the symmetric panel. The signal going to the disturbance speaker served

as reference.

The signals from the microphones in the receiving room were used as error signals for

the adaptation (controller 1). However, using all nine microphones as error microphones,

exceeded the computational capabilities of our system. It was only possible to use four

(mic 0, 1, 3 and 6). The performance was always evaluated using all nine microphones.

The results for these controllers are depicted in Fig. 7.5. As predicted from the optimization

section the sensor-actuator location TB is somewhat superior over the other two locations.

From the spectrum in Fig. 7.6 it can be seen that the reduction of the noise occurs mainly

at the peaks. In both figures, the spectrum from 40 to 320 Hz is plotted. Above and below

this frequency range, no significant increase or attenuation of the spectrum occurred.

If the microphones in the cavity are used as error microphones in lieu of those on the

hemisphere (controller 2), the performance of the control deteriorates significantly. As can

be seen in Fig. 7.7, the noise attenuation in the receiving room is only about 4 dB at 75 Hz,

and 8 dB at 130 Hz. At 110 Hz the noise is increased by approximately 4 dB.
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Figure 7.5: Averaged noise reduction in the receiving room. For all three actuator locations

feedforward controller 1 was implemented when the symmetric panel was installed. As

predicted from the optimization section, the location TB is somewhat superior for this

configuration.
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Figure 7.6: The spectrum in the receiving room if the control speakers TB for controller 1

are used (sym. config.). Mainly the peaks of the spectrum are reduced by the controller.
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Figure 7.7: Averaged noise reduction in the receiving room. For all three actuator locations

a feedforward controller was implemented when the symmetric panel was installed. The

cavity microphones are used for adaptation (controller 2). The performance deteriorates

significantly compared to controller 1 where the error signal is taken from the receiving

room microphones (cf. Fig. 7.5)
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Figure 7.8: The spectrum in the receiving room if the control speakers TB are used (sym.

config., controller 2). The noise is reduced at 130 Hz but increased at 110 Hz.

If the spectrum in the receiving room is inspected (Fig. 7.8) no clear trend can be recog¬

nized. Some peaks are attenuated whereas others are raised.

The noise level in the cavity, however, is substantially reduced. As can be seen from

Fig. 7.9, the reduction is 20 dB at 80 Hz. But despite this very substantial reduction of the

sound pressure in the cavity the attenuation in the receiving room is relatively small.

7.5.2 Asymmetric Panel

For the asymmetric configuration, the same experiments as for the symmetric panel were

conducted. The results, however, were better.
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Figure 7.9: Averaged noise reduction at the two control microphones in the cavity when the

symmetric panel was installed (controller 2). The noise reduction around the mass-air-mass

resonance is about 20 dB.
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Figure 7.10: Averaged noise reduction in the receiving room. For all three actuator loca¬

tions a feedforward controller 1 was implemented when the asymmetric panel was installed.

The performance is more or less the same for all locations.

If the signals from the microphones on the hemispherical array are used for adaptation

(controller 1) the reduction around the mass-air-mass resonance at 80 Hz is approximately

18 dB (Fig. 7.10). Note, that the difference between the various actuator locations is quite

small. From the spectrum in Fig. 7.11 it can be seen that the reduction is relatively

broadband but that the peaks of the averaged spectrum in the receiving room are reduced

more than the other parts of the spectrum.

As for the symmetrical configuration, also for the asymmetrical configuration a substantial

deterioration of the performance occurs if controller 2 with the microphones in the cavity

is used (Fig. 7.12). Also from the spectrum in Fig. 7.13 no clear trend can be recognized.

Some peaks are increased whereas others are attenuated. This relatively poor performance
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Figure 7.11: The spectrum in the receiving room if the control speakers TB for controller 1

are used (asym. config.). Mainly the peaks of the spectrum are reduced by the controller.
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Figure 7.12: Averaged noise reduction in the receiving room. For all three actuator loca¬

tions a feedforward controller was implemented when the asymmetric panel was installed.

The cavity microphones are used for adaptation (controller 2). The performance deterior¬

ates significantly compared to controller 1 (cf. Fig. 7.10). At 85 Hz the reduction is 7 dB.

The attenuation at 1005 Hz is about 4 dB. No clear difference between the sensor and

actuator locations can be recognized.
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Figure 7.13: The spectrum in the receiving room if the control speakers TB are used (asym.

config., controller 2). Some peaks are attenuated whereas other are increased.
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Figure 7.14: Averaged noise reduction at the two control microphones in the cavity when

the asymmetric panel was installed (controller 2). Around 80 Hz all three locations are

similar. The location in the corners is somewhat inferior at 100 Hz, but superior above

200 Hz.

occurs despite a very substantial reduction of the noise level in the cavity (Fig. 7.14).

7.6 Conclusions

As pointed out in Sec. 2.2 there are two mechanisms involved in the control, modal sup¬

pression and modal rearrangement. If the microphones in the cavity are used to deliver

the error signals for the adaptation the performance deteriorates significantly because then

only modal suppression is used (Pan and Bao, 1998). If the adaptation is based on the

receiving room microphones both mechanisms can be used for control. Apparently modal
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rearrangement plays a very important role and leads to a much better performance if taken

into account for control.

Sas et al. (1995) make comparison between a controller based on receiving room micro¬

phones and one based on cavity microphones. For the panel used there a performance

deterioration of only 1 dB is observed. The authors point out that their mounting is ex¬

tremely stiff and that most of the energy is transmitted via the two panels.

From the intensity measurements in Subsec. 3.5.2 and from the relatively large vibration

of the frame detected with the laser vibrometer in Figs. 5.1 and 5.3 we can conclude

that in our case the sound energy is not only transmitted via vibrations of the double

panel but also via the frame and even the separating walls. The controller based on the

cavity microphones only reduces the energy transmitted via the panels. In the case of the

receiving room microphones, however, some modes are excited to compensate the sound

going through the peripheral paths in the frame and the wall. Apparently this component

is quite large and in our case decisive for good control.

From this reasoning it can be concluded that a feedback controller that reduces the sound

pressure at the cavity microphones only would be quite inefficient for the double panel at

hand. In the subsequent Ch. 8 a more sophisticated controller will be developed which also

takes the radiation dynamics into account.

Please note, that for a panel with stiffer mountings and therefore smaller peripheral paths

a simple controller reducing only the cavity pressure may well be successful. As a design

recommendation we should remember that a stiff mechanical design of the frame can

substantially reduce the control problem.

The uncontrollable modes found in Subsec. 6.2.2 apparently have a detrimental effect. The

performance of the symmetric panel is only 8.5 dB at 80 Hz vs. approximately 18 dB in the

case of the asymmetric panel.
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Finally, from the relatively small differences in performance between the three actuator

locations in can be concluded that the optimum is quite flat and that all three locations

are reasonable.
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Chapter 8

Feedback Control

This chapter tackles the design and implementation of feedback controllers. The practical

advantages of feedback controllers for this problem - no up-stream measurements to detect

the noise and no microphones in the receiving room - were outlined in Sec. 1.3.

After a few introductory statements two designs will be tested: an IMC1 controller based

on the LMS-algorithm, and a controller designed with robust control tools. For easier

reference the IMC controller will be called controller 3 and the robust design controller 4.

8.1 Formulation of the Control Problem

Pietrzko and Kaiser (1999) pointed out that installing a feedback controller in the system

in Fig. 7.3 according to Fig. 8.1 boils down to a so-called four-block design problem (Zhou

et al., 1996), i.e. to a design problem where the performance is specified on some quantities

w and z which cannot be measured directly. However, four-block problems have been

studied for quite some time in the control engineering literature and tools to solve them

are available (e.g. Balas et al. (1995)).

1IMC internal model control (Morari and Zafiriou, 1989)

163
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Figure 8.1: The system has two sets of inputs, the disturbances w and the control inputs u,

and two sets of outputs, the internal microphones y and the microphones in the receiving

room z. Only the internal microphones and speakers are accessible for control (controller

K).

As in the case of the feedforward controller we want to minimize the (possibly weighted)

transfer function Tzw from w to z, i.e.

min \\TZW\\ = min \\GZW + GZUK (I - GyuK)
1 Gyw\

K K " '
(8.1)

The performance is not defined via some norm of a measurable system output but on a

"computed" quantity. Of course, as an additional condition, Tzw should be stable.

From the feedforward experiments in the previous chapter it is also clear that only a four-

block design can be successful. If the controller was designed to minimize y, the achievable

performance would be 7.5 dB compared to 18 dB in the four-block case.

The four-block design is an extension and generalization of the virtual microphone tech¬

nique, presented e.g. in Rafaely et al. (1997). There the noise at a location where no

microphone can be installed is estimated based on the signals from microphones somewhat

apart.
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8.2 Literature on Feedback Control of Vibrating Sys¬

tems

The feedback control of vibrating systems is difficult because even relatively simple systems

like beams or plates have relatively complex dynamics with large numbers of modes or

states respectively. For example, the model derived in Ch. 4 without the excitation and

radiation dynamics has 80 states below 500 Hz. Many standard techniques from control

engineering have numerical problems to cope with such large systems. Some of the tools

that were applied to real problems or at least experimental set-ups and thus proved their

practicality are outlined here.

In Zhou et al. (1996) a controller design framework is developed which allows to incorporate

uncertainty in the design process. It is generally known as "Hoo-control or //-design. This

approach's popularity is due to its capability to cope simultaneously with parametric and

unstructured uncertainty (Zhou et al., 1996), which is often decisive for good performance

of active vibration systems (Prajna et al., 2000), and it is due to the availability of a

powerful toolbox (Balas et al., 1995). This toolbox can - if proper attention is given to

the numerical conditioning of the system (Kaiser and Pfiffner, 1996; Prajna et al., 1999) -

handle systems with 100 states or even more and is therefore suited for vibrating systems.

The very lightly damped poles in some vibrating systems can lead to numerical problems

also with the tools from Balas et al. (1995). As an extension and specialization, in Smith

et al. (1994) the uncertainty of these lightly damped poles is therefore described by circles

around the poles. This way a numerically better conditioned optimization problem than

with the general tools from Balas et al. (1995) can be posed.

In addition, there are numerous alternative design procedures. For example, in Elliott

and Rafaely (1997) a numerically simpler "^-controller is designed and then detuned until

it fulfills some "Hoo-criterion. However, this scheme only assures robust stability but not
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robust performance.

Also loop-shaping is often a valuable option for vibrating systems, in particular if the

sensors and actuators are collocated. In Doyle et al. (1992) some fundamentals can be

found, and in Heatwole et al. (2000), or von Büren and Hagele (1999) some applications.

For simple systems, a quite substantial performance can be achieved with relatively little

effort (compare e.g. von Büren and Hagele (1999) and Prajna et al. (2000)).

Also LQG designs (Dehandschutter et al., 1997) and pole assignment techniques (Hench

et al., 1998) are suggested for vibrating systems. And in Chou et al. (1996), Chou et al.

(1995), and Flamm et al. (1995) a conceptually appealing approach based on wavelets is

proposed. However, in all these cases the robustness is not addressed or even a severe

problem (Chou et al., 1995).

For all the reasons outlined in this section, it was decided to test two controller designs:

a simple approach with an LMS-based IMC controller, and a robust design with the tools

from Zhou et al. (1996) and Balas et al. (1995). The objective of the first design was to

squeeze out the maximum performance possible with feedback. The second design should

result in a robust and practical controller possibly at the expense of some performance

deterioration.

8.3 LMS-Based IMC Design

The driving force behind this idea was the attempt to exploit the good properties of the

LMS-algorithm for feedback design. If feedforward controllers for stochastic noise are

built, it can happen that the cancellation signal affects the disturbance measurement.

For example, in a duct, the superimposed noise from the cancellation speaker can travel

upstream to the disturbance microphone. A very successful solution to this problem is

designing first an echo canceller to get a better measurement of the disturbance and to
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Q

Figure 8.2: With an LMS-based gradient design procedure an IMC controller was designed.

After convergence the adaptation (dashed line) was turned off. The remaining system is a

pure feedback scheme.

use then the standard xLMS-algorithm to implement a feedforward controller (Nelson and

Elliott, 1995; Pahud, 1998). Since this design procedure proved to be particularly well

suited for vibrating plants, a similar feedback controller was developed.

In a first step the transfer function Gyu from the control speakers to the control microphones

in the cavity was identified with a finite impulse response filter (FIR) using the LMS-

algorithm. Then the identified model Gyu was used to compensate the plant as in Fig. 8.2,

and an adaptive controller Q based on the xLMS-algorithm was run. After 100 s the

adaptation was "complete" and turned off. After turning off the adaptation this scheme is

a pure feedback controller (Fig. 8.2 without the dashed line.). The combination of Gyu and

Q corresponds to an internal model control (IMC) controller (Morari and Zafiriou, 1989)

designed via a gradient optimization procedure.

As for the feedforward controller the length of the FIR filter was determined from a cor¬

relation analysis and set to 300 taps for both Gyu and Q.

Different controller configurations were tried too. After a series of trials a system with

two reference microphones, one speaker, and two error microphones proved to work best.
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Figure 8.3: Sound attenuation in the receiving room if the symmetric double panel is

controlled by the IMC controller (controller 3). The speaker positions LR and TB have a

slightly better performance.

The performance was as good as with two speakers, but there were no stability problems.

With two speakers no reliable system could be built using the outlined design procedure. In

many cases the controllers went unstable only a few seconds after turning off the adaptation.

Without modification this approach seems not suitable for multiple input multiple output

(MIMO) design.

For the symmetric configuration, IMC controllers for all three speaker pairs were designed

and implemented (Figs. 8.3 and 8.4). For the speaker pairs LR and TB the performance is

7 dB and for the CC pair 6 dB. No substantial difference in the spillover can be recognized.

Also when the asymmetric double panel was installed, IMC controllers for all three speaker

pairs were built. As could be expected from the feedforward experiments, these controllers
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Figure 8.4: Sound spectrum in the receiving room if the symmetric double panel is con¬

trolled by the IMC controller (controller 3, speaker TB). The peak in the problematic area

around 80 Hz is damped by 7 dB.
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Figure 8.5: Sound attenuation in the receiving room if the asymmetric double panel is

controlled by the IMC controller (controller 3). The speaker positions LR and TB have

the better performance and less control spillover.

are more efficient than those for the symmetric configuration. Furthermore, some difference

in the performance of the various speaker configurations could be noticed (Figs. 8.5 and

8.6). Not only did the speaker pairs LR and TB perform better than CC (13 dB vs. 9 dB),

but also the spillover was substantially smaller. This is a consequence of the optimization

in Sec. 6.4 where the spillover enters the cost function with a negative sign.
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Figure 8.6: Sound spectrum in the receiving room if the asymmetric double panel is con¬

trolled by the IMC controller (controller 3, speaker TB). The peak in the problematic area

around 80 Hz is damped by 13 dB.
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8.4 Robust Controller Design

The underlying idea of the robust design framework is the insight that a plant cannot be

described by a single linear model. The plant P is therefore characterized by a set

P=Pnom + W1AW2
, (8.2)

where A is an arbitrary, stable and norm-bounded transfer function,

IIAHoo < 1
, (8.3)

and Wi(ju) and M^ju;) are weighting functions that are small where Pnom is a good

description of the real plant, and large for those frequencies where Pnom is a poor model.

The real plant is assumed to lie somewhere in this set. Accordingly, the modeling consists

of two steps: the derivation of the nominal model Pnom and the uncertainty description

Wi, W2- For a more detailed introduction to the concept of uncertainty and alternative

uncertainty descriptions one may consult Doyle et al. (1992), Morari and Zafiriou (1989),

or Zhou et al. (1996).

In the robust control framework, controllers are not designed for one single nominal plant

Pnom, but for the entire set P. Robust performance is only achieved, if the performance

specifications hold for all members of P.

Before designing a controller a performance objective has to be formulated. Formathem¬aticalconvenience,the7Yoo-normisusedalsofortheperformancespecificationinZhouetal.(1996)andBalasetal.(1995).Recentlyalsoalternativeperformancespecificationsinconjunctionwith7Yoo-uncertaintieshavebeenproposed(SznaierandBu,1998).Inourcase,the7Yoo-normissufficientfortheperformancespecificationbecauseitalsomakessensefromaphysicalpointofview.The7Yoo-normisthesystemnorminducedbythe/^-signalnorm,whichrepresentspower.SominimizingtheHoo-ïiotïïimeansminimizingtheenergytransmissionintheworstcase,whichisdefinitelyareasonableobjectiveforthisproblem.
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8.4.1 Identification for Control

To design a controller with the aforementioned robust control tools a nominal model with

the following properties must be found:

• It contains models for all four blocks of Fig. 7.3.

• It is continuous and in state space form.

• It is of low order.

Based on the experience of von Büren and Hagele (1999), Prajna et al. (1999) and Furrer

and Niederberger (2000) it was decided to use subspace identification (van Overschee and

Moor, 1996), because it can fulfill all the above conditions except that the model is in

discrete time. However, the transformation to continuous time is relatively straight forward

using a Tustin transformation with prewarping (Oppenheim and Schäfer, 1989).

The disturbance and control inputs were excited simultaneously with band-limited white

noise and all the microphones, those in the cavity and those in the receiving room were

recorded. After detrending and normalizing the data, and removal of some delays the

four block model was identified in one single calculation using the subspace identification

algorithm n4sid from Ljung (1991).

The frequency responses of the calculated models were compared with the frequency re¬

sponses obtained from some simple spectral optimization (etf e from Ljung (1991)). Only

when the order of the subspace identification was increased to 90, a satisfactory fit of the

two frequency responses could be obtained (cf. Fig. 8.7).

This large number of states is not astonishing if one keeps in mind that the coupled system

of the panels and the cavity has 80 states below 500 Hz.
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Figure 8.7: The transfer function from a speaker in the corner to a microphone in the

corner calculated with the four-block model obtained from subspace ID (n4sid) agrees

quite well with the frequency response calculated via a simple spectral ID (etf e).
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After the identification the model order could be reduced to 80 by truncating the modes

with the highest eigenfrequencies. Identifying a model with 90 states followed by a modal

truncation to 80 was far superior to identifying a model with 80 states directly because

the algorithm does not allow one to focus on a specific frequency range.

Eventually a system with three inputs and six outputs resulted. The inputs are the disturb¬

ance and the two control speakers, and the outputs are four microphones on the hemispheric

array (mic 0, 1, 3, and 6) and two microphones in the cavity collocated with the speakers.

8.4.2 Uncertainty Description

As pointed out in the introductory remarks, in addition to the nominal model we need an

uncertainty description for the plant. However, since there is no systematic way to derive

such an uncertainty description, some physical intuition was used.

The full model Gyu from the speakers to the microphones is

Gyn = GnyT + W1kW2 (8.4)

where GJ)°m is the nominal model from the previous subsection. We know that the speak¬

ers are fairly inefficient and the microphones more or less insensitive at low frequency.

Therefore the identified model derived from real data cannot be accurate in this frequency

range and the uncertainty Wi, W2 should be large. Furthermore, we have some unmodeled

modes at high frequency. Hence, also in this area a large uncertainty is necessary.

A stable filter that fulfills these conditions - high gain at low and high frequencies, small

gain in the frequency range of interest - is the band pass filter in Fig. 8.8. Hence, the

filter W2 was chosen as a diagonal 2 x 2-transfer matrix with such band-pass filters on

the diagonal. To avoid the numerical problems associated with multiple poles (Kaiser and

Pfiffner, 1996), the cut-off frequencies of these two band-pass filters were
chosendispar¬ate.Forsimplicity,W\waschosenasanidentitymatrix.Zhouetal.(1996)givesome
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Figure 8.8: Uncertainty weight W2- At low frequency the uncertainty covers poor efficiency

of the speakers and microphones, at high frequency it covers the unmodeled higher order

modes.

interpretation of this and various other uncertainty description.

The additive uncertainty in (8.4) is not the only possibility to describe uncertainty. As

pointed out, for example, by Prajna et al. (2000) the choice of the uncertainty model can

even be crucial for the performance. Ideally, only the uncertainty at low and high frequency

is modeled as unstructured uncertainty whereas the one in the frequency range of interest is

represented with parametric uncertainty (Zhou et al., 1996; Prajna et al., 2000). However,

for the system at hand a decomposition necessary for introducing parametric uncertainty

is very cumbersome.

8.4.3 Controller Optimization

Our controller should focus on the frequency range of interest around the mass-air-mass

resonance. This can be achieved by using a performance weight that is large exactly at
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Figure 8.9: Performance weight H^perf. Since we want to reduce the noise mainly around

80 Hz this weight is large in this area only.

these frequencies and small otherwise. The performance weight we used is depicted in

Fig. 8.9.

The interconnection of the nominal plant, the uncertainty and the performance weight

(Fig. 8.10) is called the augmented system (Zhou et al., 1996). The actual controller

design can be posed as a minimization problem on the augmented system. For robust

performance, one has to find a K such that the transfer function TZy, from the disturbance

w to the performance signal z is smaller than some specified constant 7 for all A, i.e. find

a K such that

maxlJT^IJ^ <7 , (8.5)

which is equivalent to

K = arg min max liT^I! . (8.6)
K à.

In Balas et al. (1995) efficient tools to pose and solve (8.6) are given. We used the auto-
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Figure 8 10 Augmented system used for the controller optimization The disturbance z is

weighted by H^perf W\ and W2 are weights for the size of the uncertainty

mated D-K mteration2 The interested reader is refered to Zhou et al (1996) for details

about this procedure

As pointed out 111 the subsection on identification (Subsec 8 4 1), the identified system had

90 states After eliminating some of the higher order modes and adding the weights, the

augmented system had 98 states Due to experience with systems of similar size (Kaiser

and Pfiffner, 1996) we made sure that all the weights were minimum phase and that

all the subsystems were balanced After taking these precautions the 7Yoo-optimization

encountered no numerical problems

2It turned out that the first D-K iteration lead to a substantial reduction of the achievable 7, whereas

additional iterations reduced it only very little So, three iterations were used for the final design
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8.4.4 Controller Implementation

It is well known that Ti^-optimal controllers have the same order as the augmented system.

However, for the real-time system at hand even though quite powerful (cf. Sec. 3.2) this

was too large a computational burden. In Prajna et al. (2000) a state space controller with

40 states was implemented with the same system which was found to be the limit for a

sampling rate of 2 kHz.

Since there is no reasonable chance to reduce a controller from over 98 states to 40 states

the implementation was done with FIR filters. First the controller was converted from

continuous to discrete time using a Tustin-transformation with prewarping and a cut-off

frequency of 80 Hz (Oppenheim and Schäfer, 1989). Then the four impulse responses of the

controller were taken and implemented with FIR filters of length 1400, which our system

could easily handle.

Some D-K iterations resulted in unstable controllers. Normally an unstable pair of poles

at very low frequency occurred. For unstable controllers the just described implementation

technique with FIR filters is not applicable. However, because the unstable poles were at

very low frequency where the controller had a very small gain, they could just be mirrored

to the left hand side without doing any harm to the closed-loop system.

8.4.5 Results

The performance as well as the uncertainty weights were varied to get the best possible

performance. The best results were finally achieved for the weights depicted in Figs. 8.8

and 8.9. This resulted in an attenuation of the first resonance by approximately 7 dB for

the asymmetric panel (Fig. 8.12), and of 4 dB in the symmetric case (Fig. 8.11).

Despite a considerable effort no better performance could be achieved. Reducing the

uncertainty weights led to instability in the case of the symmetric, and to very large
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Figure 8.11: Noise attenuation with controller 4 (sym. config.).
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Figure 8.12: Noise attenuation with controller 4 (asym. config.).
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control spillover in the asymmetric case.

8.5 Conclusions

With the sensor and actuator set-up chosen it is possible to design and implement efficient

feedback controllers for this double glazed window.

Because the panel is not too lightly damped, thee IMC controller based on the xLMS-

algorithm is very effective. Despite their simplicity, these controllers have up to 13 dB

performance.

Also robust controllers can be designed. Even though the system is of high order (ap¬

proximately 100 states), the identification of the nominal model as well as the controller

optimization are feasible. However, an unstructured, additive uncertainty model leads to

a conservative controller that achieves only half the performance of the IMC controller. A

more structured and presumably less conservative uncertainty should therefore be used.

Given the very large number of modes this is not straightforward.



Chapter 9

Conclusions and Outlook

One way to tackle the control of stochastic noise in three dimensions is to reduce the

sound transmission to the zone of interest. In buildings, windows are often the weak link

in protecting the interior from outside noise. In particular, double glazed windows have a

poor sound insulation at low frequency around the mass-air-mass resonance (double wall

resonance). Since the passive means for windows are exhausted, an active controller that

increases the transmission loss in the low frequency range is an attractive approach to

reduce the noise level in buildings.

Previously suggested feedforward controllers need reference microphones to measure the

disturbance outside and error microphones for the adaptation somewhere in the room. For

a real window this is unpractical or even infeasible. These limitations can be overcome

with the feedback controller presented here, that only uses sensors and actuators in the

cavity of the double glazed window.

183
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9.1 Design Hints for Active Windows

If the transmission loss of a window is increased with active control the following design

guidelines should be obeyed to simplify the controller design and increase the achievable

performance:

• If the view must not be obstructed, speakers in the cavity between the panes are

the only possible actuators. In addition, for small cavities as found in double glazed

windows speakers are somewhat superior over piezo patches on the panels because

the sound field in the cavity has a simpler shape than the vibrations on the panels,

and hence is easier to control.

• The two panes should be of different thickness. If the panes have the same thickness,

some modes are unobservable and uncontrollable by microphones and speakers in the

cavity, which has a negative effect on the controller performance.

• For maximum effectiveness, the actuators should be designed to have their resonance

at the mass-air-mass resonance.

• The intuitive choice of putting the speakers in the corners of the cavity is reasonable.

Speakers on both sides or at the top and the bottom are a bit superior because at

these locations some modes that are unimportant for the sound transmission are

uncontrollable and unobservable. The difference, however, is not substantial.

• For this system controllability and observability are equivalent, i.e. at those locations

where the speakers effectively control the system a microphone can effectively sense

it. Sensors and actuators should therefore be collocated.

• The frame of the window must be made as stiff as possible and as sound insulating as

possible because then simpler controller that just suppress the sound pressure in the

cavity and that do not incorporate the radiation dynamics are likely to be successful.
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Controller Symmetric

panel

Asymmetrie

panel

1. Feedforward controller with error micro¬

phones in the receiving room

8.5 dB 18 dB

2. Feedforward controller with error micro¬

phones in the cavity

4 dB 7.5 dB

3. IMC feedback controller 7 dB 13 dB

4. Robust feedback controller 4 dB 7 dB

Table 9.1: Performance comparison of the different controllers. As quality measure the

attenuation in dB around the mass-air-mass resonance at 80 Hz is used.

9.2 Performance of Active Controllers

In Tab. 9.1, a performance comparison of all the controllers implemented on the double

glazed window is given. As performance index, the noise reduction in dB at the mass-

air-mass resonance around 80 Hz is used. If several controllers or speaker configurations

were tested, the best result is used for Tab. 9.1. By comparing the entries, the following

statements can be made:

• The noise attenuation is in general better for the asymmetric panel. There are two

reasons for this:

1. The symmetric double panel has some modes that are uncontrollable with speak¬

ers in the cavity.

2. For the symmetric double panel, a smaller fraction of the overall sound energy

goes through the window because the thicker panels have a better passive sound

insulation. Relatively speaking, more energy is transmitted via peripheral paths

of the frame. Since the active controller mainly affects the transmission path

through the window, a smaller fraction of the sound can be canceled.
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• The feedforward controller that uses the receiving room microphones is much bet¬

ter than the one that uses the microphones in the cavity. Again there are two

explanations. Apparently modal restructuring plays an important role and modal

suppression is not sufficient for this set-up. It seems also that the system with the

error microphones in the receiving room is able to compensate some of the peripheral

paths. In any case, it is very important to incorporate a model of the radiation in

the controller design.

• It is possible to build feedback controllers whose performance is almost as good as

that from the feedforward controller. In particular, it is possible to build feedback

controllers (controller 3) whose performance is superior to the feedforward controller

with the error microphones in the cavity (controller 2) which confirms the necessity

for a four-block design in this case.

• To some extent, the substantially inferior performance of the robust design is due to

the conservativeness introduced by the unstructured uncertainty model.

• The design of all these controllers involves a considerable effort. The question there¬

fore arises what passive means such a reduction with an active controller corresponds

to. Due to the difficulty of deriving state space models for the excitation and ra¬

diation dynamics the question can only be answered approximatively. However, for

the transfer function from a speaker normal to the window to a microphone right in

front of the window on the other side, a reduction of 13 dB (controller 3, asymmet¬

ric configuration) of the first resonance corresponds to increasing the second pane

from 3.2 mm to about 9 mm if the calculation is based on our model. Probably, this

reduction probably does not justify the installation of an active controller at this

point.
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9.3 Outlook

In the short term, the design recommendations suggested in Sec. 9.1 could be implemented

to get a better controller performance. In particular, a redesign with a stiffer frame would

lead to a more benign system. Also more specific feedback design algorithms that are less

conservative but still robust could contribute to a performance improvement.

The modeling could be extended by state space representations of the excitation and ra¬

diation dynamics. Such a model could then be used for extensive simulation studies of

different controllers. Alternatively, one could try to derive a low order model that just de¬

scribes the behavior around the mass-air-mass resonance, the main phenomena of interest.

In the medium term, alternative actuator concepts could be developed. In particular

it might be worthwhile to develop actuators with smart materials that can actuate the

boundary conditions of the panels. Putting piezo patches on the panes is not really an

option. Some theoretical publications about boundary control make this approach look

promising. For these piezo based actuators passive shunting controllers could be considered.

In the introduction it was mentioned that the computation power and the advances in

smart materials are the driving forces for active noise control. The prices for these tech¬

nologies are decreasing which makes active noise control more economical. However, the

other instrumentation, in particular the power electronics devices (amplifiers) do not get

improved at the same pace. Therefore, long-range activities should focus on eliminating

some of these cumbersome and expensive devices. Some preliminary activities in this dir¬

ection were made by Furrer and Niederberger (2000) and Hagood and von Flotow (1991)

where piezo patches were shunted with passive networks. However, some fundamental

limitations remain. Nevertheless, it is probably the most promising direction to arrive at

cheap active noise control devices.

The beginning of this work coincided with the conference ACTIVE 97 (Elliott and Horvâth,
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1997). At this time numerous, naive simulation papers promising more than 20 dB per¬

formance for systems as complex as active noise barriers were presented. However, because

all of them neglected the implementation issues outlined in Sec. 1.4 they had completely

disappeared only two years later (Douglas, 1999). The overstated expectations are gone

because the implementation is much harder than expected. Nevertheless, active noise con¬

trol is an interesting option for high-end products. To enter new markets and products the

aforementioned instrumentation overhead must be reduced further.



Appendix A

Parameters of the Nominal Model

This appendix contains the parameters of the nominal model of the double panel. These

parameters were used for all the numerical calculations and simulations.

All the tables have the same structure. The entries in the table represent from left to right,

the symbol in the text, the symbol in the code, the numerical value, the unit, the meaning.

General Parameters

/max f _max 500 [Hz] frequency up to which the modes

are taken into account

^max w_max 27r/max [rad/s] frequency up to which the modes

are taken into account

Po pO 105 [N/m2] standard pressure

c c 340 [m/s] speed of sound

p rho 1.293 [kg/m3] density of air
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Parameters of Receiving Room

prec rho_rec p

[m/s]

[kg/m3]

speed of sound in receiving room

density of air in receiving room

Parameters of the Cavity

a Lx_cav 1.044 H ^-dimension of cavity

b Ly_cav 0.667 [m] y-dimension of cavity

d Lz_cav 0.084 [m] ^-dimension of cavity

Ö ze_cav 50 [1] damping ratio of modes in cavity

C-cav c_cav c [m/s] speed of sound in cavity

Pcav rho_cav P [kg/m3] density of air in cavity

For the validation in Ch. 5 the distance d between the panes was temporarily increased to

0.134 m.

Parameters of the Panes

"irst pime:

Opal Lx_pal 1.044 [m] ^-dimension

&pal Ly_pal 0.667 [m] y-dimension

hpAl Lz_pal 0.006 [m] ^-dimension

EpAi E_pal 6 • 1010 [Pa] Young's modulus

fpal nu_pal 0.25 [1] Poisson's ratio

Ppal rho_pal 2500 [kg/m3] density

Cpal ze_pal 0.03 [kg/m3] modal damping ratio
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For the second pane all the parameters are the same, except for the thickness /ipa2 which

was 0.006 m in the case of the symmetric panel and 0.0032 m in the case of the asymmetric

configuration.

Locations of the Speakers and Micro¬

phones In the Cavity

Speaker configuration Speaker location

CC (0,0, d/2)

(a,b,d/2)

LR (0,6/2, d/2)

(a,6/2, d/2)

TB (a/2, 6, d/2)

(a/2,0, d/2)

The parameters of the speakers are given in App. B.

The microphones are collocated with the speakers. To measure the gain of the microphones

they were excited with a normed piston source of 94 dB which resulted in a signal of 70 mV.

Thus,

ymic

0.07

2v/2 • 1094/20-
[V/Pa] . (A.l)
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Parameters of the Accelerometers

xao accCLx apdi
— 0.10 [m] ^-coordinate of accelero-

meter 0

ya0 acc0_y 6pai — 0.10 [m] y-coordinate of accelero-

meter 0

sao acc0_sign —1 [1] sign of accelerometer 0

xa\ accl_x 0.10 [m] ^-coordinate of accelero¬

meter 1

ya\ accl_y 0.10 [m] y-coordinate of accelero¬

meter 1

sai accl_sign +1 [1] sign of accelerometer 1

gacc accgain 0.1019 [Vs2/m] gain of the accelerometers

The accelerometers have a gain of 10mV/g and the signal is amplified by 40 dB. Hence,

gacc = 0.010/9.81 * 100
. (A.2)



Appendix B

Data Sheets

B.l Speakers

For the control of the double panel SC 8 speakers from Visatron (Visatron, 1999) were

used. This appendix contains the data sheet and a table of the parameters used in the

state space model of the speakers (Sec. 4.6).

Parameters from the Data Sheet

A general description of the speaker taken from Visatron (1999) is given in Fig. B.l. Table

B.l contains the Thiele-Small-Parameters of the speaker SC 8 from Visatron (1999). They

are the basis for the parameterization used in Sec. 4.6. A few additional parameters are

given in Tab. B.2
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sea

Art, MtK 0008 - Ô Ohm

Magrt««ca% stiitkftd i em fUJ't fuHrmgft drfoer
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frequency response up ta 15 kHz, In oonpncicin wish
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Figure B.l: General description of the speakers SC 8 from Visatron (1999).



B.l Speakers

Nominal impedance Z [fi] 8

D.C. resistance Rdc [fi] 6.6

Resonance frequency fs [Hz] 94

Mechanical Q factor Qms [1] 4.55

Electrical Q factor Qes [1] 1.21

Total Q factor Qts [1] 0.96

Equivalent volume Vas M 1.70

Effective piston area SD [cm2] 32

Dynamically moved mass mMD fe] 2.5

Force factor B xl [T • m] 2.80

Inductance of the voice coil L [mH] 0.60

Table B.l: Thiele-Small-Parameters of SC 8 speaker (Visatron, 1999).

SC 8
MaroinaJ power handling 30 Watt

P*ak power handling söw*»

impedance m

Frequency response ( ê dfft

Mean sound pressure (nominafl

70 - 15000 Hi

mm
~"~~~~

Maximurncorte displaewiierti

fttsonance frequency

6 inm

m hte

Magnetic induction 0,3 Testa

Magnetic 1lux 180 m Wmbéf

Height of frort pote plate 3 mm

Voice coil
dtaip-eter20mm*Heightpiwinoir«}SmmCutoutdiameter73mmmNefweigh!0,2hkgTableB.2:AdditionalparametersofSC8speaker(Visatron,1999).
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mc = mMD = 0.0025 kg mass of moved cone

fc = fs = 94 Hz resonance of speaker

UJC 2tt • 94 Hz resonance of speaker

kc mechanical compliancey/kc/mc = u)c

cc = tüC/QMS mechanical damping

A = SD = 0.0032 m2 piston area

R = RDC = 6.6fl DC resistance

L 6.0- 10"4H inductance of the voice coil

Vo 0.08 x 0.08 x 0.10 m3 measured

Cr cc estimated

h = B x J = 2.8Tm force factor

h = h force factor

Table B.3: Parameters as used in the speaker model of Sec. 4.6.

Parameters Used in the Equations

The state space model of the speakers in Sec. 4.6 contains a certain parameterization.

However, the calculation of these parameters is straightforward from the Thiele-Small-

Parameters in Tab. B.l. The resulting values are given in Tab. B.3

B.2 Accelerometers

As accelerometers wax mounted, ceramic, Series 352 accelerometers from PCB Piezotron-

ics1 were used. The main parameters are given in Tab. B.4.

As measurement amplifier a "Model 480D06 Power Unit" from PCB was used.

^CB Piezotromcs, Inc 3425 Waiden Avenue, Depew, NY 14043 USA
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voltage sensitivity 10 [mV/g]

voltage sensitivity 1.02 [mV/(m/s2)]

frequency range ±5 % 5-8000 [Hz]

measurement range 400 [±g peak]

resolution broadband 0.0015 [±g peak]

weight 0.48 [grams]

Table B.4: Parameters of the accelerometers.

B.3 Microphones

The microphones were fairly standard with a flat response in the frequency range of interest.

For frequencies below 50 Hz, however, the noise floor was quite substantial. In Fig. B.2 a

measurement from the receiving room is depicted. Due to the relatively small sound levels

in the receiving room the measurements were only valid down to 40 Hz.
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noise floor

without control

with control

200 400 600

frequency [Hz]

800 1000

Figure B.2: Noise floor of the microphones.



Appendix C

Additional Material

In the course of the research for this thesis a number of other aspects of active noise and

vibration control were investigated. The results can be found in a number of technical

reports and publications (Kaiser et al., 1996; Pahud, 1998; Kaiser et al., 1998; von Büren

and Hagele, 1999; Prajna et al, 1999; Prajna et al., 2000; Furrer and Niederberger, 2000;

Julius et al., 2000; Wernli, 2001). Except for Kaiser et al. (1998) and Prajna et al. (2000),

which are given in App. D and E, only short summaries of these reports are included.

The projects von Büren and Hagele (1999), Prajna et al. (1999), Furrer and Niederberger

(2000), Julius et al. (2000), and Wernli (2001) were all conducted at EMPA-Dübendorf in

co-operation with Stan Pietrzko.

In Adaptive Active Noise Control (Pahud, 1998), an adaptive feedforward controller based

on the xLMS-algorithm is designed for a duct system. Special consideration is given to

the performance limitations. It is shown that the performance limitations are mainly due

to the external noise, to the non-minimum phase zeros of the secondary and reference

path and to the convergence rate of the LMS algorithm itself. Large resonances due to

poor damping slow down the convergence of the algorithm significantly and lead to poor

tracking capabilities of the LMS algorithm.
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In parallel, some robust controllers were built for ducts. In Modeling and Robust Control of

Active Noise Control Systems (Kaiser et al., 1996) the adaptive filter was just replaced by a

controller designed with robust tools. However, the performance was not very impressive.

The limitation is due to the inverting nature of the controller which cannot cope with

large uncertainties. In Robust Active Noise Control m a Duct (Kaiser et al., 1998) a way

to reduce the uncertainties with a two-speaker arrangement could be found which then

allowed to build a system with a fixed controller that was robust with respect to different

boundary conditions.

The goal of the project Control of the Vibrations of a Plate (von Büren and Hagele, 1999)

was to reduce the vibration and noise radiation of a plate by means of active feedback

control. As actuators piezoelectric patches were used.

In a first step the vibrating modes of the plate are identified by using a laser vibrometer.

Then the actuators (piezo elements) and sensors (accelerometers) were placed on the plate

in such a way that all the modes are controllable and observable. It was possible to

identify the dynamics of the whole system (including the amplifiers, filters etc.) with the

established algorithms for lumped parameter systems. Eventually a loop-shaping controller

was designed and implemented which gave a vibration reduction of 5 to 10 dB for the first

few resonances.

The work in Robust Active Control of a Vibrating Plate (Prajna et al., 1999) is a direct

continuation of von Büren and Hagele (1999). Different identification algorithms are used

and compared. Subspace identification (van Overschee and Moor, 1996) is found to perform

best to derive a low order state space model suitable for controller design. Furthermore,

it is found that the incorporation of a disturbance model is crucial for the achievable

performance.

Eventually, different controllers are designed. It is shown that a very large multiplicative

uncertainty must be used to capture the uncertainty of the modal frequencies and damping
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ratios, which leads to poor performance. However, if the uncertainty of the eigenfrequen-

cies and damping ratios is modeled with parametric uncertainty good performance with

considerable robustness can be achieved.

Control systems with smart materials suffer from the drawback that numerous ampli¬

fiers, AD- and DA-converters, and microprocessors are needed. Motivated by Hagood

and von Flotow (1991) the direct shunting of piezo patches via i?£-networks is invest¬

igated in Active-Passive Vibration Control Using "Smart Materials" (Furrer and Nieder-

berger, 2000). Therefore, a simple, tunable shunting device is built. Such a passive con¬

troller reduces the vibration of one resonance by approximately 8 dB, whereas an active

controller leads to a reduction of about20 dB in a broader frequency range. The perform¬

ance of the passive controller is mainly limited by the not very efficient transformation of

mechanical to electrical energy.

In Active Control of a Double Glazed Window (Wernli, 2001) an alternative actuator

concept for the double panel is tried. Two piezo patches on the second panel are used

to reduce the vibration of the this panel. With a feedforward controller the vibration is

reduced by approximately 10 dB. So piezo patches are able to actuate also heavy panes.

The attempt to design a simple loop-shaping controller as in von Büren and Hagele (1999)

failed because this plant is too complex.
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Appendix D

Robust Active Noise Control in a

Duct

In this paper by O.E. Kaiser, F.J. Kraus, and M. Moran (Kaiser et al, 1998) a robust

controller with considerable performance is designed and implemented. It follows some

ideas by Winkler and Elliott (1995) and is conceptually related to the controller of the

double panel because also here some transmission is minimized.

Abstract

The smaller size and the performance in the low frequency range make active noise control

systems an attractive upgrade of purely passive means. As an alternative to the popular

adaptive schemes, some controllers designed with robust control tools have been proposed.

The appeal of a robust design are the more rigorous stability results. In the work presented

here, first some inherent limitations of the traditional robust approach are given. Then a

robust, wave-based controller structure is suggested, which overcomes these problems and

is, moreover, robust to changes in the plant structure. The controller is implemented on a
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Figure D.l: General system set-up.

laboratory duct system. Its robustness is validated by a series of experiments on different

plant set-ups.

D.l Introduction

The problem of attenuating noise in a duct can be best understood by considering the

scheme depicted in Fig. D.I. The noise w (here generated by a speaker) is measured by

the microphone y. The control goal is then to generate a control signal u, in order to

minimize the sound pressure level at z. A detailed introduction to the problem can e.g. be

found in Nelson and Elliott (1992).

Different controller configurations have been suggested, i.e. feed-forward, feed-back and

combinations of both. However, since a minimal distance between u and z has to be kept

to fulfill the plane wave assumptions, feedback schemes have little effect in general.

There are two approaches to design feed-forward controllers, adaptive and robust. The

LMS-based adaptive approach to cancel noise in a duct is quite well established (Nelson

and Elliott, 1992; Kuo and Morgan, 1996) and comes in different flavors, even though the

stability results are not very strong. The stability question in connection with adaptive

schemes is more rigorously addressed e.g. in Elliott and Rafaely (1997), and Jiang et al.

(1997).
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Figure D.2: Standard model.

Controllers based on robust designs were presented in Fan et al. (1996), Nonami et al.

(1996), Mehta et al. (1996), and Kaiser et al. (1996). The advantage of a robust design is

that the stability issue can be tackled more rigorously. However, for this kind of processes

the aforementioned controllers suffer from the draw-back, that they are overly conservative

in order to cope with the poor damping. The details of these limitations will be outlined

in Sec. D.2. A novel configuration that is not only designed with robust tools, but is even

robust to changes in the process structure, is presented in Sec. D.3. The approach is finally

validated by a series of experiments, where the same fixed controller attenuates the noise

by approximately 15 dB independent of the duct configuration.

D.2 Problems and Limitations of the

Standard Robust Approach

For the the standard robust approach as well as for the adaptive approach, a model struc¬

ture as in Fig. D.2 is assumed, where w denotes the disturbance, i.e. the noise, y the

measurement at the first microphone, u the control action, and z is the noise at the output

of the process, i.e. at the second microphone.

In a robust design approach, the modeling inaccuracies and uncertainties are explicitly
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accounted for by an uncertainty description (Doyle et al., 1992; Zhou and Doyle, 1997).

If a multiplicative uncertainty description is chosen the "real" transfer function can be

covered by Gt, where

Gt = (l + WtAt)Gt , (D.l)

Wt(ju) is a frequency dependent bound on the uncertainty, and At an arbitrary but

bounded linear transfer function (Zhou and Doyle, 1997), i.e.

IIA.IL < 1
- (D.2)

Ways to derive bounds for the uncertainties from data can be found e.g. in Zhou and Doyle

(1997), and Kaiser and Pfiffner (1996).

The active noise control problem can then be formulated in an Ti^-setting as finding a

controller Q (from y to u) that minimizes the 7Yoo-norm of the weighted transfer function

Gwz from w to z while maintaining stability. In other words, if Q fulfills

minmaxllM/perfG^I! < 1
, (D.3)

Q all A
F moo >

where Wperf is called
the"performanceweight",weachievetherobustperformanceH^perf(ZhouandDoyle,1997).Ifwecanchoosealarge|H^perf|andstillfindacontrollerQthatmaintainscondition(D.3)agoodrobustperformancecanbeachieved.However,itisratherstraightforwardtoshowthatthefollowingupperboundfortheperformanceholds(KaiserandPfiffner,1996;Kaiseretal.,1996)|Wperf|-\W1G1\+\W2G2\+\W4G4\'(D'4)ThisboundistightifG3isknownexactly.Otherwisetheachievableperformance|H^perf|isevensmaller.DuetothepoordampinginacousticplantstheuncertaintiesjM^C^jtendtobelargeandhencelimittheperformance.Smallchangesintheduct,e.g.changesinthereflectionateitherend,changesintemperatureorairflowcanshifttheresonancefrequencieswhichimmediatelyleadstolargeuncertainties.Itiseasytocheck,thate.g.
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Figure D.3: Performance of a standard 7Yoo-controller. x-axis: frequency in [Hz], y-axis:

voltage at performance microphone in [dB]. Blue: without control. Red: with control.

small changes in the resonance frequencies are the more detrimental for the uncertainties,

the poorer the damping. It is important to note that since this is basically a feedforward

problem using a different, e.g. structured, uncertainty description would not return a larger

bound in (D.4).

Nevertheless, we tried this approach, i.e. we identified the transfer functions in Fig. D.2,

derived uncertainty bounds and designed an Ti^-optimal controller. But despite a con¬

siderable effort only a couple dB could be achieved for our system (Fig. D.3), as expected

from (D.4).

An additional disadvantage is that in any application such a constant controller would

need a rather long identification and design phase at the plant.
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Figure D.4: Unknown terminations. The desired system should work independently of the

terminations.

D.3 New Robust Approach

The reasoning of the previous section led us to ask the question, whether it is possible to

build a system, that has the advantages of a robust design without having the problems

mentioned above, i.e. that

• is robustly stable,

• is robust to changes in the plant, in particular to changes in the structure,

• and still has an acceptable performance.

Basically we would like to build a plug-and-play device as depicted in Fig. D.4, that can

be inserted in any duct of a given diameter and functions independent of the terminations.

D.3.1 Modeling

To tackle this question a "wave-based" modeling approach was chosen (Swinbanks, 1973;

Fontaine and Shepherd, 1983; Kim and Ih, 1997). The dynamics of the duct were split up

as depicted in Fig. D.5. The dynamics of the noise source are represented by C, B\ stands

for the downward radiation of the compensation speaker and B2 for the upward radiation.
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w

Figure D.5: Wave model. The dynamics of the noise source are represented by C, B\

stands for the downward radiation of the compensation speaker and B2 for the upward

radiation. The terms A\ and A3 stand for the transfer functions of the wave running down

and up the duct. The transfer functions A2 and A4 represent the reflections at the lower

and upper end respectively.

Again, the letters without the tilde represent nominal transfer functions, whereas the same

letters with a tilde denote perturbed models as in (D.l).

The terms Ai and A3 stand for the transfer functions of the wave running down and up the

duct. The transfer functions A2 and At represent the reflections at the lower and upper

end respectively. From passivity we can conclude

\A\ < 1 V<u> i = l.. A
. (D.5)

Note that this inequality even holds for the perturbed models A-

The relation between the nominal models in Figs. D.4 and Fig. D.5 is immediate, e.g.

CA1{1 + A2)
Gi =

1 - AAAA
(D.6)

As mentioned earlier, we had in mind finding a controller that functions independently of

the terminations (Fig. D.4). Hence a mathematical description for a "general" reflection

was sought. This generalization is actually straight forward in a robust setting. From
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w
- C

Figure D.6: Generalized wave model. The unknown but bounded transfer functions Am

and AR2 cover all possible reflections at the upper and lower end of the duct. In case of

directed measurements the dashed lines can be omitted.

(D.5) we can conclude that a A-block as introduced in (D.2) covers all possible reflections.

Hence, the reflections transfer functions A2 and A4 were replaced by the A-blocks. The

modified wave model is given in Fig. D.6.

Furthermore, a series of measurements showed that our microphones have an excellent

directional characteristic, i.e. they only measure the down-going wave. If the dashed lines

are omitted, Fig. D.6 shows the idealized situation, which we come very close to with our

experimental set-up.

D.3.2 Choice of the Controller Structure

With the generalized reflections ARt and after inserting a controller Q, the "nominal"

transfer function from the disturbance w to the microphone z can be written as

z

w

C(A1 + BXQ)
(D.7)

1 - {Al + BlQ)A3AmAR2 - QB2ARl
'

This transfer function should be minimized for all ARt while stability is maintained. From

a look at the denominator of (D.7) one can conclude, that stability for all Am and AR2
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can only be achieved, if (Ai + BiQ)A3 and QB2 are kept small simultaneously, i.e.

\{A1 + B1Q)A3\ + \QB2\<1 . (D.8)

To achieve this goal, a two-speaker arrangement for the compensation was chosen. It is

a well-known fact that two speakers can be coupled in a way that the radiation is one-

directional (Swinbanks, 1973). So the controller design consists of two steps. First the two

speakers are coupled such that upward radiation B2 is minimized, then Q is designed to

minimize some norm of A\ + B\Q (cf. also Fig. D.9). The second step can be done in such

a simple way because for the broadband case C and A3 are close to pure time delays.

D.3.3 Identification

The problem of identifying a transfer function Gt in Fig. D.2 is rather standard, at least

if one makes the (not very realistic) assumption that w is available for the identification.

However, getting the various transfer functions of Fig. D.6 is not so straight forward.

To get the upward radiation of the two compensation speakers, the following procedure was

chosen. First the microphone y was turned around, so that it measures the up-going wave,

and the duct where the speakers are attached, was extended on both sides with ducts of

2.5 m length. Then the transfer functions from the speaker inputs to the microphone were

identified with an ARX-procedure. For the data collection the system was excited with

band-limited white noise and the sampling frequency was chosen to be 2 kHz. Of course,

the transfer functions identified this way also contain some reflections. Hence,inthenextstep,thedirectwavehadtobeseparatedfromthereflections.SotheimpulseresponsesoftheidentifiedmodelswereplottedasinFig.D.7.Becausetheidentificationwasdoneinarelativelylongductthedirectwaveandthereflectionswerewellseparated.Hence,thefirstpartwaschosenasanFIR-modeloftheupwardradiation.Theinstantintimewherethereflectionsarriveatthemicrophone,canbeestimatedbycalculatingthetime-delayofasoundwavetraversingthedistancetotheductendandback.
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Figure D.7: Impulse response of the transfer function from the upper speaker to a micro¬

phone that measures the up-going wave. The solid line represents the direct wave, the

dashed line the reflections.
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Figure D.8: Frequency response of the downward radiation.

We denote the upward radiation of the speakers with B2i and B22 respectively, where B2\

is the one of the speaker closer to the noise source. Minimizing the upward radiation B2

is now a simple task. The identified transfer functions B2Ï and B22 can just be used as

prefilters to the speakers as shown in Fig. D.9.

The implications of minimizing the upward radiation for the downward radiation was

analyzed in Swinbanks (1973), in particular, the transmission zeros. However, our speakers

were sufficiently close to each other, such that the zeros were outside the frequency range

of interest (100..500 Hz).

The downward radiation was identified, with the prefilters already in use. This transfer

function will subsequently be denoted B\. Its frequency response is depicted in Fig. D.8

and coincides quite well with what can be expected from the theoretical arguments in

Swinbanks (1973).
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To identify Ai and A3, the same technique of splitting the direct wave and the reflections

in the time domain was used.

D.3.4 Controller Design

We mentioned earlier that designing our controller consist of two steps, i.e. of first minim¬

izing the upward radiation by coupling the two speakers and then of calculating the actual

controller Q. The first step was already explained in the previous subsection. We now

focus on the second step, namely finding Q. Note that we restrain ourselves to optimizing

the nominal performance while maintaining robust stability (Zhou and Doyle, 1997), i.e.

to minimize

minlIAi + BÎQH , (D.9)

while maintaining robust stability. For mathematical convenience the 2-norm was chosen.

Due to the way A\ and B\ were identified in the previous section, they are FIR. If a\{k)

and b\{k) denote the FIR coefficients of Ai and B\ respectively, and if in addition we make

the Ansatz, that Q is FIR, the optimization in (D.9) can be reformulated by writing the

impulse response of A\ as a vector /

/ =

ai(0)

ai(l)

ai(2)
(D.10)

and the convolution of B\ and Q as the multiplication of a Toeplitz matrix with a vector.

We call this Toeplitz matrix M

M

&î(0) 0 0

&î(l) &î(0) 0

&î(2) &î(l) &î(0)
(D.ll)
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The stability condition can be formulated as an Ti^-constraint

\\WuncQ\\^ < 1
, (D.12)

or

\Q(ju)\ <—L— Vu. (D.13)
\Wunc{juj)\

First note that the 7Yoo-constraint (D.13) can be rewritten as

U{Q(jlü)}cos9 + 3{QM}sin0 <
.„. \ „ , (D.14)

which must hold for all u and for all 9 G [0, 2tt). Since evaluating Q(ju) at cuo is a linear

operation, we can choose a grid of points for u and 9 and approximate (D.14) as a set of

linear inequalities. Leaving out the details (cf. Dahleh and Diaz-Bobillo (1995)) we just

write

Aq<b , (D.15)

where q is the vector of the FIR-coefficients of Q, and A and b are a matrix and a vector

formed according to (D.14).

The controller Q can then be found by solving the following quadratic program (QP)

min -q'M'Mq + f'Mq (D.16)
q 2

subject to

Aq<b . (D.17)

Here the choice of the 2-norm is very beneficial for formulating the optimizationproblem.NotethatallthenecessarydataforthisoptimizationcanbecollectedwithoutassumingthatthedisturbancewinFig.D.2canbeusedforidentification.D.4ExperimentalResultsThesuggestedcontrollerwasimplementedonaductsystem.Theductconsistsof5mmPlexiglaswithadiameterof120mm.Thedimensionsofthefinalarrangementwithone
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Figure D.9: Dimensions of the experimental set-up (in meters). The filters B2Ï and B22

minimize the upward radiation, Q is the actual controller.

microphone and two speakers can be seen in Fig. D.9. With sleeves different pieces of the

duct can be combined to form different configurations. For the experiments a noise source

and ducts of different length were attached to the end.

The system was implemented with the same sampling frequency as the identification,

i.e. with 2 kHz. The length of the compensation filters B2Ï and B22 is 31 and 29 taps

respectively. The length of the actual filter Q is 50 taps. These filters can be chosen rather

short even though the system is very poorly damped. The reason is that we only consider

the first wave and not the entire impulse response.

The robustness of the system was validated by a series of experiments. Figure D.10 shows

the attenuation of the controller for four different configurations, namely with the lower

end of the duct open, with the lower end of the duct closed with a lid, with the upper end

obstructed with some obstacles in the duct, and with an additional piece of duct (1.5 m)

attached to the lower end. The performance always stays in the 15 dB range.

It is also possible to rearrange the duct, while the controller is running. For example it is

possible to take away the disturbance speaker during operation and replace it by a piece

of duct or attach a piece of duct at the lower end without having any stability problems

or performance deterioration.
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Figure D.IO: Attenuation for different configurations. Solid line: lower end open. Dashed

line: lower end closed with a lid. Dash-dotted line: lower end open, upper end obstructed

with material. Dotted line: additional duct of 1.5 m attached to the lower end.
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D.5 Conclusions

Based on a wave approach an ANC system was presented which is robust to substantial

structural changes in the plant. It achieves a 15 dB noise reduction independent of the

environment (boundary conditions) it is embedded in.

The system needs two compensation speakers, i.e. the hardware is more complex. However,

this disadvantage is outweighed by the fact that the system needs no adaptation and no

on-site tuning like identification, adjustment of filter lengths or choosing the step size of

the adaptation algorithm.

Future work will focus on shortening the system. This way the suggested system could

be installed easily at various places e.g. in air-conditioning system. Furthermore it would

improve the robustness against air-flow in the duct. One could also think of using a second

microphone for performance management or adaptation.



Appendix E

Robust Active Control of a Vibrating

Plate

This paper by S. Prajna, O.E. Kaiser, S.J. Pietrzko and M. Moran (Prajna et al, 2000)

discusses various aspects of robust controller design for vibrating systems. It resulted from

the two student projects von Büren and Hagele (1999), Prajna et al. (1999).

Abstract

This paper addresses several aspects of designing robust controllers for active control of a

vibrating plate using piezoelectric actuators and acceleration sensors. The discussion in¬

cludes identification of the plant; design and implementation of controllers; and evaluation

of their robustness and performance. All the concepts are tested on an experimental set-up

where several ti^ controllers are implemented and compared. It is shown that the disturb¬

ance model and a proper uncertainty description are key factors for good performance.
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E.l Introduction

Vibration can be found almost everywhere, and many attempts have been made to reduce

vibration and its effects. Passive approaches (e.g., by using damping materials) provide

effective ways for reducing vibration at high frequency; while active control (Fuller et al.,

1996) (i.e., by injecting "anti-noise" signals) is more effective in reducing low frequency

vibration, which is the focus of the work described in the present paper.

For the case where the incident disturbance is known and an upstream measurement of the

noise or vibration can be taken effective feed forward controllers have been proposed in the

past (Fuller et al, 1996; Nelson and Elliott, 1995; Kuo and Morgan, 1996). However, if the

noise is broadband, and from multiple sources or of unknown origin, a feedback controller is

probably the only remedy (Elliott, 1999b). In the work presented here a feedback controller

for unknown broadband noise is designed.

As pointed out e.g. in Fuller et al. (1996), changes in ambient conditions can lead to changes

in the dynamics of the vibrating system. The performance of a feedback controller can

deteriorate substantially if such changes occur. In this paper we show how robust control

tools (Balas et al., 1995; Zhou et al., 1996) can incorporate such changes in the design and

maintain a good performance. Special emphasis is given to the derivation of the models

and the uncertainty descriptions. In particular, the following issues are discussed

• how to derive a nominal state space model suitable for robust controller design,

• what are the advantages of using a disturbance model,

• what are the pros and cons of using different uncertainty models.

All the controllers are implemented and tested. Some of the practical aspects associated

with this implementation, e.g. high order and discretization, are also discussed.
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E.2 Plant Description

The plant used in this work is made of a specially orthotropic laminate plate, 0.5 m x

0.3 m x 0.001 m, 8 prepreg layers, clamped with an aluminum frame, which is inserted in a

larger wooden frame. Two piezoelectric elements (ACX QuickPack) and two accelerometers

(PCB Series 532) serve as actuators and sensors in the control loop. A personal computer

is used in conjunction with RealLink/32, Matlab Real-Time Workshop, and Simulink for

implementing the controllers.

A discussion of different controller designs for a vibrating system is of little value if the

sensor and actuator locations are not taken into account. Due to their inherent robustness

properties, collocated sensors and actuators were used in this work. The sensors were then

positioned such that good controllability and observability of the first seven modes was

ensured. A detailed discussion of the positioning can be found in von Büren and Hagele

(1999).

The disturbance i.e. the vibration of the plant was generated with a shaker located close

to a corner of the plate. The input to the shaker was a broadband signal limited to

the frequency range below 330 Hz. This band contains the first seven modes and is our

frequency range of interest.

E.3 Identification of the Nominal Model

Preliminary measurements and the experience with similar plants in the past led to the

conclusion that first principle modeling is not very promising to derive a model which is

sufficiently accurate for controller design. In particular the piezoelectric patches and their

bonding and interaction with the structure are difficult to model. Hence, an approach

based on identification was chosen. This approach was confirmed a posteriori when it was
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realized that minor changes in the ambient conditions can lead to substantial changes in

the dynamics (cf. Sec. Uncertainty Description).

The robust techniques from Balas et al. (1995) and Zhou et al. (1996) need a state space

model of reasonable order as input. Therefore, the choice fell on the subspace identifica¬

tion algorithm (van Overschee and Moor, 1996) implemented in Ljung (1991). Subspace

methods yield state space models directly and are suited for multiple input multiple output

(MIMO) systems. Identifying a MIMO model directly results in a lower order system than

if the transfer functions are identified one after the other and then arranged to a complete

system. Keeping the order of the identified model low was necessary to avoid designing

controllers of unimplementable order (cf. Sec. Controller Design).

For the identification experiment the system consisting of the amplifiers, the piezoelectric

patches, the plate, the accelerometers followed by an amplifier and an analogue integrator

were excited with a pseudo random binary signal which was band limited to the frequency

range 20-400 Hz. The recorded data were then processed with the algorithms from Ljung

(1991).

E.4 Disturbance Model

A straightforward way to look at the disturbance is depicted in Fig. E.l(a). We can

consider the vibration as two disturbances that couple to the sensors. This approach does

not take into account that the two disturbances are actually strongly correlated and that

not all the frequencies are excited to the same extent. The alternative would be to derive

also a model of the disturbance mechanism as depicted in Fig. E.l(b). Presumably, the

additional information contained in the disturbance model leads to better performance.

Both types of models were identified, and controllers were designed for both. The frequency

response of the model including a disturbance model is given in Fig. E.2.
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Figure E.l: The two types of models identified. The first model (a) does not include a

disturbance model (shaker to sensor paths), whereas the second (b) does.
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Figure E.2: Frequency response of the model including a disturbance model (order 32).

The large number of resonance peaks indicates a high order of the plant.
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E.5 Uncertainty Description

During the identification process it was noticed that the dynamics of the plant strongly

depend on the air humidity. Even though the plant linearity and the reproducibility of the

experiments is quite good, some of the eigenfrequencies shifted by more than 10 % when the

air humidity changed from 70 % to 90 % (model 1 and 2 in Fig. E.3) while the temperature

stayed constant at about 25° C. Presumably, the changes in air humidity made the wooden

Actuator 1 -> Sensor 1

Model #1

0
Model #2

' : Model #3

- - 50% Uncertainty bounds

60 70 80 90 100 110 120 130 140 150

Frequency (Hz)

Figure E.3: Several models obtained from the identification process (for the sake of plot

clarity, only the first two modes of the magnitude response from Actuator 1 to Sensor 1 are

shown). Model 1 and 2 were identified from data recorded at 70% and 90% air humidity

respectively. The data for model 3 were recorded when two masses of 15 g and 90 g were

attached to the plate.

frame expand and contract which then changed the tension in the clamped plate. Even

larger changes in the dynamics were noticed when two small masses of 15 g and 90 g were

attached to the plate (model 3 in Fig. E.3).
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From the aforementioned substantial variations of the plant dynamics it is obvious that

a controller designed for a nominal model would easily go unstable once the dynamics

change. However, the wealth of tools from robust control allows to incorporate some of

these changes (i.e. uncertainty) in the design. For robust controller design the plant is

not described by a single nominal model but by a set of models P that covers all possible

dynamics of the plant, e.g.

P(s) = P(l + AW(s)) , (E.l)

where A is an unknown but bounded transfer matrix with ||A||oo < 1, and W(s) is a

weighting matrix (Balas et al., 1995; Zhou et al., 1996).

There are different ways to describe plant uncertainty. Two possible approaches were

chosen for the system at hand. On one hand a model of the form

P(s) = P(s)(l + A2(s)WuuM) + &i(s)WAdd(s) , (E.2)

was used (cf. also Fig. E.4(a)). The uncertainty is split in an additive and a multiplicative

uncertainty part (Zhou et al., 1996), where the additive uncertainty was shaped such

that it accounts for the unmodeled higher modes and the unknown dynamics at very low

frequency, i.e. below the cut-off frequency of the actuators. As multiplicative uncertainty

weight M^Muit just a constant was used. It should capture the changes of the dynamics in

the frequency range of interest. In Fig. E.3 a multiplicative uncertainty as large as 50 % is

drawn for some nominal model. It is important to note that even
suchalargeuncertaintycannotcoverallthemodels.Ontheotherhand,aneigenvalueperturbationapproach(Smith,1995;Smithetal.,1994)asdepictedinFig.E.4(b)wasused.Alsointhiscaseanadditiveuncertaintycoverstheunmodeledhighermodesandtheunknowndynamicsatlowfrequency.Thevariationofthemodesofinterest,however,wasmodeleddifferently.Theeigenvalueperturbationapproachassumesthatthevariationsoftheplantdynamicsareduetoshiftsoftheeigenvaluesinthecomplexplane,andlieinadiskaroundthenominaleigenvalue.IfthenominaltransfermatrixforthefirstseveneigenvaluepairsisgivenbyP(s)=C(sl—A)~lB+D,then

the
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Figure E.4: The system interconnection used in (a) the multiplicative-additive uncertainty

approach; (b) the eigenvalue perturbation approach. In both interconnections, Ai is the

perturbation representing the additive uncertainty. However, the A2's are not the same:

A2 in (a) is used for the multiplicative uncertainty, whereas in (b) A2 is the perturbation

of the plant eigenvalues.
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eigenvalue uncertainty is modeled by an LFT on A2 (cf. Figure E.4(b)), with

Pn(s) == (si - A^W^,

Pn(s) == {sI-A)-lB,

P2i(s) == C{sI-A)-lW^

P22(s) == C(sI-A)-lB + D

where P is in modal form, i.e.

A

A

A1 0

0 A9

0 A7

(E.3)

(E.4)

and Wftig is a diagonal matrix, H^ig = diag(ri, ri, f2, f2,..., r7, rj). Here \± = at± jßt is

the complex eigenvalue pair of the i-th mode, and r\ is the radius of the corresponding

uncertainty disk. The i-th eigenvalue pair of the real plant could be any element of Aj± =

{z\ \\z- At±ji < rt}.

E.6 Controller Design and Implementation

For mathematical convenience and availability of tools (Balas et al., 1995), the 7Yoo-norm

from the disturbance to the sensors was chosen as performance objective (Zhou et al., 1996).

Since both uncertainty descriptions described above are structured, D-K iterations were

used to calculate the optimal controller (Zhou et al., 1996).
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The controllers that resulted from the D-K iterations were approximately of order 80. On

our system, even though quite powerful, such a controller cannot be implemented at the

necessary sampling rate. The order was therefore reduced to 40 using balanced truncation

(Zhou et al., 1996).

For the implementation we checked whether it was advantageous to use a continuous time

controller together with an integration algorithm (e.g. Runga-Kutta), in lieu of a discret-

ized controller. However, the computational burden of the integration algorithm did no

longer allow for reasonable sampling rates. The continuous time controller was therefore

transformed to discrete time using a Tustin transformation with prewarping.

E.7 Results

For model (a) and (b) in Fig. E.l and for both uncertainty descriptions controllers were

designed and implemented (cf. Tab. E.l and Fig. E.5). If no disturbance model is incor¬

porated in the design, the performance is always quite poor (Controller 1). The controller

does not exploit the fact that the two disturbances are correlated and hardly achieves

more reduction than an earlier designed, simple velocity feedback controller. However, if

the disturbance model is taken into account for the design, the performance approximately

doubles (Controller 3).

When the multiplicative uncertainty was reduced (Controller 2) the performance increased

substantially but the spillover was increased too. However, the robustness of this control¬

ler was so poor that even at nominal conditions it sometimes went unstable. Finally, a

controller using the eigenvalue perturbations uncertainty was designed (Controller 4). In

the nominal case, which is at about 80 % air humidity, it achieves more or less the same

performance as Controller 3. However, when the controllers were tested at off-nominal

condition, i.e. at 90% air humidity where the eigenfrequencies shift by a 5-10%, all but
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Controller Disturb,

model

Uncertainty

model

1

2

3

4

no

yes

yes

yes

Mult. (10%)

Mult. (0.1%)

Mult. (10%)

Eigenvalue

Controller Reduction at Sensor 1

(91,121,233,257,316) Hz

Reduction at Sensor 2

(91,177,233,257,316) Hz

1

2

3

4

(-5,-3,-5,-2,-3) dB

(-10,-22,-10,-15,-8) dB

(-9,-14,-7,-9,-5) dB

(-8,-14,-8,-8,-3) dB

(-10,-4,-5,0,+l) dB

(-9,-14,-10,-5,-9) dB

(-8,-10,-8,-7,-4) dB

(-12,-9,-8,-6,0) dB

Table E.l: List of some tested controllers and the obtained performance.
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Controller 4 went unstable. Not only did Controller 4 remain stable, there was also little

or no performance degradation.
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Controller #4
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(a) Sensor 1 (b) Sensor 2

Figure E.5: A visual comparison of the controller performance (cf. also Tab. E.l). The four

plots on the left show the power spectral density of the signal at Sensor 1 of the open-loop

systems (dash-dotted lines) and the closed-loop systems (solid lines). The four plots on

the right correspond to the signal at Sensor 2.

E.8 Conclusions

The enormous changes in the plant dynamics of the plate system studied make the modeling

hard if not impossible, and call for robust control design. Subspace identification provides

efficient tools to identify MIMO models suitable for robust controller design.

For the performance it turned out to be crucial to incorporate a good disturbance model

in the controller design. Without the disturbance model the performance was similar to

simple velocity feedback. With the disturbance model the performance approximately

doubled.

If the changes in the dynamics are modeled with a multiplicative uncertainty that covers
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the models at all operating conditions, the resulting controller has a very poor perform¬

ance. Decreasing the multiplicative uncertainty immediately leads to stability problems.

However, if the changes in the dynamics are modeled by parametric uncertainties of the

eigenfrequencies and damping ratios, a good performance can be achieved for all operating

conditions.
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